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Abstract

For more than a century, internal combustion engines have propelled
much of the world’s development. Their fuel efficiency and harmful
emissions have been vastly improved and continue to be so. Meanwhile,
regulations regarding harmful emissions are becoming increasingly stringent
and legislation restricting carbon dioxide (CO2) emissions has become
common in many countries. These changes bring new challenges and
opportunities to the field of internal combustion engine research.

Compression ignition (CI) engines, generally known as diesel engines, have
good efficiency, excellent controllability and high stability. However, they also
have some inherent shortcomings, such as high nitrogen oxides (NOx) and
soot emissions. Homogeneous charge compression ignition engines (HCCI)
have been proposed to solve the problems of conventional diesel engines. It
turns out that HCCI engines have very low NOx and soot emissions and very
good efficiency; however, they have the drawbacks of a limited load range,
poor controllability and high hydrocarbon (HC) and carbon monoxide (CO)
emissions.

In order to combine the advantages of conventional diesel combustion
and HCCI engines while avoiding their drawbacks, the partially premixed
combustion (PPC) concept has been proposed. PPC has proven to provide
excellent efficiency, low harmful emissions and good controllability at the
same time. From the research perspective, PPC is considered to be a
combustion concept between HCCI and conventional diesel combustion, but
the boundaries between HCCI and PPC, and PPC and conventional diesel
combustion, have always been ambiguous. Moreover, as the fuel injection
timing of PPC is brought more advanced, engine controllability deteriorates.
These two issues provide the motivations for this thesis.

The research for this thesis was conducted mainly via experiments. The
transition process from HCCI to PPC and then to conventional diesel
combustion was carried out first. At the same time, a sensitivity study was
performed to investigate the dynamics of controllability during the transition
process. After that, a parametric study was done to explore the effects of
several engine control parameters on the transition process. In the end,
efficiency characteristics during the transition process were analysed. Some
of the experimental operating points were reproduced by three-dimensional
simulation using KIVA-3V code to interpret some of the key phenomena
observed in the experiments.
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Popular summary

Modern society is heavily dependent on a highly efficient and stable
transportation system. The food inventory of our supermarkets would become
empty if the transportation system failed for a week or even just a few days.
All over the world, the need for transportation is increasing with increases in
the human population, living standards and urbanisation.

Internal combustion engines have been fundamental to fulfilling these
transportation demands over the last century. The efficiency and
environmental performance of internal combustion engines have extensive
influences on the everyday lives of almost everyone. The efficiency of
engines determines the demand for oil and, accordingly, oil prices, and the
environmental performance of engines can have critical effects on human
health and the global environment.

Diesel engines are very popular in many areas; for example, in construction
machines, long-haul trucks, ships, buses, cars and electricity production.
Due to its widespread use, any small drawbacks in diesel engines can have
significant negative effects on society. For instance, black soot is often seen
coming from the tailpipes of older diesel engine vehicles that lack an after-
treatment system. In addition, diesel engines emit nitrogen oxides, which are
harmful gases. On the other hand, the fuel efficiency of engines is expected
to increase, which will reduce dependence on fossil fuels and decrease the
greenhouse gas emissions of the transport sector.

Combustion of fuel and air is the key process determining an engine’s efficiency
and emissions. To solve the soot and nitrogen oxides issues of diesel engines,
some advanced combustion concepts have been proposed. Homogeneous
charge compression ignition and partially premixed combustion are two
examples. Homogeneous charge compression ignition is the first generation
of the new combustion concepts. It solves the issues of soot and nitrogen
oxides emissions but also introduces new problems like low combustion
controllability and high emissions of hydrocarbons and carbon monoxide.
Partially premixed combustion is a second-generation concept. The concept
of partially premixed combustion is between those of homogeneous charge
compression ignition and conventional diesel combustion. Therefore, it
can combine the pros and avoid most of the cons of homogeneous charge
compression ignition and conventional diesel combustion. However, the
boundaries between homogeneous charge compression ignition and partially
premixed combustion, and between partially premixed combustion and

ix



conventional diesel combustion, are not yet clear. This thesis proposes
new insights to these issues by investigating the transition process from
homogeneous charge compression ignition to partially premixed combustion
and conventional diesel combustion. The controllability and efficiency
characteristics of partially premixed combustion are also explained in greater
detail. These results can be used to design cleaner and more efficient internal
combustion engines.
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CHAPTER1

INTRODUCTION

1.1 Background

The need for transportation in modern society has kept increasing over the
past century. Most transportation needs have been fulfilled by road vehicles,
ships and aircraft propelled by internal combustion engines.

On the other hand, global warming has become a practical and sensible issue.
Figure 1.1 shows the increasing trend in global surface temperatures over the
past century [1]. As can be seen, the record of global average temperature has
been broken again and again. Moreover, increasing global temperatures are
accelerating the ice-melting process in the Antarctic and Arctic areas. This
results in sea level rise, which brings new challenges to the global ecosystem
[2].

Global warming is caused by greenhouse gases (GHGs). Figure 1.2 reveals
the global top-three GHG emissions from human activities—carbon dioxide
(CO2), methane (CH4) and nitrous oxide (N2O)—between the years 1970
and 2012 [3]. Overall, CO2 accounts for three quarters of the total GHG
emissions. CO2 is being emitted into the atmosphere at a pace that far
exceeds the uptake by plants and phytoplankton, resulting in a rapid increase
in the atmosphere’s CO2 concentration [4]. Figure 1.3 demonstrates the global
CO2 emissions produced by various economic sectors from 1990 to 2010. The
transport sector was one of the major contributors, generating 16% of the
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Figure 1.1: The global surface temperature relative to 1880—1920 mean.

total. Its proportion of total emissions remained stable during this period.
For some developed regions of the world, e.g. the European Union [5, p.86]
and the United States of America [6, p.2-25], the contribution from transport
sector to their total CO2 emissions was well above 25%. Within the transport
factor, as mentioned in the beginning, internal combustion engines emit the
most GHGs.
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Figure 1.2: Top-three global GHG emissions, measured as gigatons of carbon dioxide equivalents per year (Gt CO2eq/yr).
Gases are converted to their CO2eq values based on their global warming potential (GWP).

In addition to the global consequences of CO2 emissions, other engine exhaust
emissions, e.g. carbon monoxide (CO), hydrocarbons (HC), nitrogen oxides
(NOx) and particular matter (PM) can do great harm to human health, as well
as change local environments significantly, such as by forming acid rain and
smog [7–10]. Back in the 1960s, a typical car without pollution control devices
could emit 147 kilograms of HCs, 478 kilograms of CO and 25 kilograms of
NO for every ten thousand kilometres travelled. The huge effects of these
emissions on public health and environment led to the first emission legislation
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Figure 1.3: Global CO2 emissions by economic sectors. Sector fractions for 2010 are listed on the right side.

in California, USA, back in the 1960s [11]. After that, emission regulations
for on-road vehicles were introduced in Japan and Europe in the late 1960s
[12] and 1970s [13], respectively. Since then, such regulations have become
more and more stringent, forcing manufacturers to investment in low emission
technology.

1.2 Motivation

In Section 1.1, two major environmental problems were discussed: the
excessive discharge of CO2 and the requirement of decreasing or eliminating
harmful exhaust emissions. Both problems are expected to be eased or solved
by improvements in the transport sector such as improvements to internal
combustion engines. Thus, the motivations of engine research are two-fold:
CO2 reduction and reduction of other harmful exhaust emissions.

1.2.1 CO2 reduction

Under the pressure of global warming, politicians from major countries have
started publishing mandatory regulations or releasing long-term visions for
reducing GHGs. The European Union has announced its short-, medium-
and long-term goals on cutting total GHG emissions, which are 20%, 40%
and 80% reductions compared to 1990 levels by the years 2020, 2030 and
2050, respectively, as shown in Figure 1.4 [14–16]. Regarding the transport
sector, the target is a 60% reduction below 1990 levels by 2050 [16]. The USA
also has committed to reducing its GHG emissions by 26—28% below its 2005
level by 2025 [17]. To achieve these targets, there are four main pathways:

3



• Improving engine efficiency

• Renewable fuels

• Clean electrification

• Increasing vehicle efficiency in other ways, such as by using light-weight
vehicles with better aerodynamics and more efficient transmissions

EN 5   EN 

Figure 1: EU GHG emissions towards an 80% domestic reduction (100% =1990) 
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Emissions, including international aviation, were estimated to be 16% below 1990 levels in 
2009. With full implementation of current policies, the EU is on track to achieve a 20% 
domestic reduction in 2020 below 1990 levels, and 30% in 2030. However, with current 
policies, only half of the 20% energy efficiency target would be met by 2020.  

If the EU delivers on its current policies, including its commitment to reach 20% renewables, 
and achieve 20% energy efficiency by 2020, this would enable the EU to outperform the 
current 20% emission reduction target and achieve a 25% reduction by 2020. This would 
require the full implementation of the Energy Efficiency Plan5 presented together with this 
Communication, which identifies measures which would be necessary to deliver the energy 
efficiency target. The amount of currently allowed offsets would not be affected.6 

The analysis also shows that a less ambitious pathway could lock in carbon intensive 
investments, resulting in higher carbon prices later on and significantly higher overall costs 
over the entire period. In addition, R&D, demonstration and early deployment of 
technologies, such as various forms of low carbon energy sources, carbon capture and storage, 
smart grids and hybrid and electric vehicle technology, are of paramount importance to ensure 
their cost-effective and large-scale penetration later on. Full implementation of the Strategic 
Energy Technology plan, requiring an additional investment in R&D and demonstration of 
€ 50 billion over the next 10 years, is indispensable. Auctioning revenue and cohesion policy 
are financing options that Member States should exploit. In addition, increasing resource 
efficiency through, for instance, waste recycling, better waste management and behavioural 

                                                 
5 Energy Efficiency Plan - COM(2011) 109. 
6 As agreed by the emissions trading Directive 2003/87/EC (as amended by Directive 2009/29/EC) and 

the effort-sharing Decision (Decision 406/2009/EC). 

Figure 1.4: The European Union’s vision for reducing GHG emissions by 2050 (100%=1990).

These pathways do not exclusively compete with each other but need to
work together. First, improving engine efficiency is of great importance in
both the short and long terms. In the short term, most progress towards
GHG reduction targets can be achieved by using vehicle fleets with more
fuel-efficient engines. In the mid- to long-term, (plug-in) hybrid vehicles will
need efficient engines to extend their travel ranges [16].

Next, regarding renewable fuels, well-to-wheel (WTW) analysis shows that
the use of bio-gases produced from municipal waste and sewage could actually
result in a net reduction of GHG from the atmosphere [18].

In addition, electrification is a trend attracting public attention in recent
years. The public may expect that electrification can eliminate the use of fossil
fuels all of a sudden and dramatically decrease total CO2 emissions. However,
there are three main obstacles preventing this from succeeding. First is the
very limited energy capacity/density of existing batteries [19]. The second is
that the production of lithium-ion batteries releases 150—200 kg of carbon
dioxide for each kilowatt-hour of energy that the batteries can store [20, 21].
Thus, batteries require a very good lifespan to achieve a decent emission level
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per kilometre travelled. The last obstacle is the production of electricity.
Electricity generated from clean sources can vastly reduce the usage of fossil-
based energy. But for most of the countries in the world who currently depend
on coal or fuel-based electricity, the electrification process can have serious
negative impacts on the environment [22, 23]. Overall, electrification is a
promising long-term solution and needs decades to evolve to maturity. But,
introducing electric drive on a large scale too fast may give a negative result.

Lastly, the optimization of vehicle design is always beneficial to both the
environment and customers.

1.2.2 Reduction of harmful exhaust emissions

Table 1.1 shows the iterations of European Union emission legislation for
heavy-duty diesel engines [24]. From the Euro I to VI standards, the limits
of NOx and PM emissions, which are the two main harmful products of diesel
engine combustion, have been reduced by more than 95%. By optimising
the in-cylinder combustion process, most of those emissions can be avoided
before their formation, or be consumed inside the cylinder [25, 26]. These
techniques can meet the legislation requirements up to Euro V. To meet the
latest Euro VI standard, the use of after-treatment devices, such as selective
catalytic reduction (SCR) systems for NOx and diesel particulate filters (DPF)
for PM, is required. But still the optimisation of the in-cylinder combustion
process is of great value for non-regulated engine applications, reducing the
costs of exhaust after-treatment systems and decreasing fuel consumption.

1.3 Approach

Researchers have been working on improving the fuel efficiency of internal
combustion engines for decades. Figure 1.5 shows the historical and
forecasted brake thermal efficiency of heavy-duty diesel engines. Sometimes,
compromises have to be made between high efficiency and low emissions.
For example, after 2000, efficiency went down from 44% to 41.5% due to
stricter emissions legislation. Back in 2008, efficiency was expected to increase
substantially by implementing advanced engine concepts. Partially premixed
combustion (PPC) and reactivity controlled compression ignition (RCCI)
are two outstanding representatives of these new concepts that have been
developed in the last decade [27, 28].

5



Table 1.1: EU emission standards for heavy-duty diesel engines: steady-state testing.

Stage Effective from
CO HC NOx PM PN Smoke

g/kWh 1/kWh 1/m

Euro I
1992, 6 85kW 4.5 1.1 8.0 0.612
1992, > 85kW 4.5 1.1 7.0 0.36

Euro II
1996.10 4.0 1.1 7.0 0.25
1998.10 4.0 1.1 7.0 0.15

Euro III 2000.10 2.1 0.66 5.0 0.10a 0.8
Euro IV 2005.10 1.5 0.46 3.5 0.02 0.5
Euro V 2008.10 1.5 0.46 2.0 0.02 0.5
Euro VI 2013.01 1.5 0.13 0.40 0.01 8.0×1011

a - PM = 0.13 g/kWh for engines < 0.75 dm3 swept volume per cylinder
and a rated power speed > 3000 min−1
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Figure 1.5: Historical perspective of heavy-duty diesel engine brake thermal efficiency. Figure reproduced from [29].

This thesis focuses on understanding PPC in several aspects: 1) how to
achieve PPC-type combustion; 2) what exactly is the boundary between
homogeneous charge compression ignition (HCCI), PPC, and conventional
diesel combustion; and 3) how can PPC achieve high efficiencies. By
researching these questions, the outcome is expected to contribute toward a
deeper understanding of PPC and may light the path towards higher efficiency
internal combustion engines.

The research in this thesis was carried out by designing and running
experiments on a heavy-duty diesel engine. Some of the operating points were
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reproduced using three-dimensional computational fluid dynamics (CFD)
tools to help interpret the experimental results. More details can be found in
Chapter 3.

1.4 Contributions

The main contributions of the thesis are as follows.

• Understand the transition process from HCCI to PPC. Gain knowledge
of the interactions between fuel injection and piston geometry design.
Provide deeper insight into the evolution of charge stratification
formation and the combustion process during the transition from HCCI
to PPC.

• Explore the controllability issue of PPC from the perspective of piston
geometry, which may be an innovative pathway toward solving control
difficulties.

• Analyse the efficiency characteristics and energy distributions of
different combustion concepts, and investigate the reasons why PPC
is capable of providing higher efficiencies.
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CHAPTER2

PARTIALLY PREMIXED COMBUSTION

2.1 Internal Combustion Engine Basics and History

2.1.1 Engine basics

Generally, an engine is a machine which converts one form of energy into
mechanical energy. Specifically, an engine that converts thermal energy to
mechanical work is called a heat engine. This thermal energy can be generated
from many sources, such as exothermic reaction, friction, or the absorption of
light. When it is produced by burning a fuel, the engine is then defined as a
combustion engine. Regardless of the hardware, a combustion engine requires
three components: fuel, an oxidizer and a working fluid. If the combustion of
fuel and oxidizer occurs within a combustion chamber which is also an integral
part of the working fluid flow circuit, the engine is an internal combustion
engine. In another case, if the working fluid is isolated and heated by the
external combustion of fuel and oxidizer, the engine is then called an external
combustion engine, for instance, a steam engine [30].

There are different types of internal combustion engines according to their
mode of operation, such as reciprocating, rotary and continuous combustion.
The reciprocating internal combustion engine utilises a cylinder-piston-crank
arrangement, as shown in Figure 2.1, to realize the reciprocating movement
of the piston. The rotary engine became obsolete by the early 1920s. Gas
turbines and rocket engines are examples of continuous combustion engines
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[31].

L

TDC

BDC

ω
Crank shaft

Connecting rod

Piston

Cylinder

Figure 2.1: An illustration of the mechanical arrangement of a reciprocating internal combustion engine.

The labels TDC and BDC in Figure 2.1 stand for top dead centre and bottom
dead centre, respectively, indicating the top and bottom positions of the
piston. The distance between them (L) is called the stroke. Based on how
many strokes the engine needs to complete a cycle, the reciprocating internal
combustion engine can be classified as two-stroke, four-stroke or six-stroke.
Among these, the four-stroke type is the most widely used and is also the
research focus of this thesis.

2.1.2 History

The first four-stroke compressed charge engine was built by Nikolaus August
Otto in 1876 in Germany. It ran on petroleum gas ignited by spark and
was the origination of the modern spark ignition engine. In 1892, Rudolf
Diesel invented the first compressed charge compression ignition (CI) engine,
known today as the diesel engine. Rudolf had a deep understanding of
thermodynamic cycles and the constraints on engine efficiency. The diesel
engine was far more efficient than its competitors due to using a much
higher compression ratio and having low pumping losses at part load [32].
Figure 2.2 demonstrates a full cycle process of a CI engine consisting of
four strokes. First, air flows into the cylinder to fill the vacuum created
by the piston moving down. Then, the piston moves upwards and compresses
the air to a high-pressure and high-temperature condition. When the
piston approaches TDC, fuel is injected into the cylinder and starts burning
shortly after injection. Combustion results in increased pressure, pushing
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down the piston and generating useful work. Finally, the exhaust valve
opens and the combustion products are expelled out of the cylinder. Since
its invention, diesel CI engines have been widely used in almost every
transport area, especially in the heavy-duty sector, due to their advantages
of low fuel consumption and high torque performance. Moreover, its fuel
efficiency, durability and emissions have been vastly improved over the past
century thanks to the continuous development of new techniques by engine
researchers. In this thesis, the diesel CI invented by Rudolf Diesel are denoted
as conventional diesel combustion, in order to distinguish it from several
advanced combustion concepts that have appeared in recent decades.

Intake Compression Expansion Exhaust

Figure 2.2: Illustration of the four-stroke process of a compression ignition engine.

2.2 Conventional Diesel Combustion

Figure 2.3 depicts the cylinder pressure, apparent heat release rate and
injector needle lift with respect to the crank angle for a typical conventional
diesel combustion operating point [33]. The calculations of these plots can
be found in Chapter 3. Figure 2.4 is a conceptual model by Dec et al.
derived from optical engine research. It shows the condition of a quasi-steady
reacting diesel spray jet during mixing-controlled combustion prior to the end
of injection, which is between approximately 2° and 8° after top dead centre
(aTDC), for the case shown in Figure 2.3 [33]. The mechanism of conventional
diesel combustion can be clarified by tracing the fuel spray from the injector
tip to the very end of the jet.
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injection compression ignition operating point. Figure reproduced from [33].
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Figure 2.4: Conceptual model of a quasi-steady diesel spray jet during mixing-control combustion. Figure reproduced from
[33].

In the beginning, fuel is injected into the cylinder in a liquid phase at very
high velocity. As it penetrates the combustion chamber, hot air is entrained
and fuel vaporises, forming a vapour-fuel/air mixture visible about 7 mm
downstream of the injector tip. The liquid fuel penetration length stops
growing at about 20 mm, where all fuel vaporises and forms a bulk of
vapour-fuel/air mixture with equivalence ratios ranging between 2 and 4.
Given proper conditions of ambient temperature and pressure, this mixture
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auto-ignites in the form of fuel-rich premixed combustion (corresponding to
the light grey area in Figure 2.3) and initially forms polycyclic aromatic
hydrocarbons (PAH), which are soot precursors. Soot continues to form and
its particle sizes grow as the soot moves down the jet towards the head vortex.
The major area of the jet is filled with soot at different concentrations. The
bulk soot is encircled by a thin layer of diffusion flame, indicated as orange in
2.4. Soot particles keep moving downstream and some can eventually reach
the periphery of the jet where they can be oxidized by hydroxyl radicals (OH)
originating from the diffusion flame. Since the diffusion combustion is nearly
stoichiometric, a high flame temperature can be expected. Combined with
an abundant oxygen supply, conditions on the lean side of the diffusion flame
are ideal for high NO formation.

One should be aware that with different engine hardware and operating
conditions, e.g. injector nozzle size, injection pressure, in-cylinder swirl
strength, fuel type, ratio of exhaust gas recirculation (EGR) etc., the shape
and size of the conceptual model can vary, but the combustion process should
essentially remain the same. Due to the lean-burn nature, high combustion
temperature, and avoiding placing fuel in crevices, HC and CO emissions are
never considered as a problem for conventional diesel combustion. However,
the high amounts of soot particles and NOx produced by conventional
diesel combustion have driven intense research interest in low-temperature
combustion (LTC) concepts. These aim to lower soot and NOx emissions to
comply with emission regulations and to improve efficiency.

2.3 Low Temperature Combustion

The idea of LTC is to suppress the combustion temperature and reduce
the fuel-air equivalence ratio, thus avoiding the formation of soot and NOx
simultaneously [34]. Methods for achieving this include boosting intake
pressure or using EGR or water injection [35–37]. The first method dilutes the
mixture with an excess of air, while the other two increase the heat capacity
of the mixture by adding new gas ingredients.

2.3.1 Homogeneous charge compression ignition

Homogeneous charge compression ignition (HCCI) is an LTC concept and
has been investigated intensively for decades. It uses a fully premixed fuel-air
charge before combustion, which auto-ignites due to increased temperature
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and pressure during compression. HCCI was first proposed by Onish et al.
for use in two-stroke engines [38]. They found that by creating conditions
to achieve spontaneous ignition of in-cylinder charge, significant emission
reductions and fuel economy improvements can be achieved. Lately, HCCI
was introduced to four-stroke engines [39]. Furthermore, a diverse range of
fuels has been investigated for use in HCCI [40–42].

Figure 2.5 demonstrates a typical heat release rate trace of HCCI. For HCCI
engines, the fuel is injected during the intake stroke or earlier, e.g. by
using port fuel injection. The heat release is usually in two stages. The
first stage is low-temperature heat release (LTHR). This small bump of heat
release can easily be observed when running with low octane fuels, like
diesel, and at low engine speeds. The second stage is the high-temperature
heat release (HTHR). The crank angle between these two stages is called
the negative temperature coefficient (NTC) regime where the reaction rate
decreases though the cylinder temperature increases [43, 44].
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Figure 2.5: Typical heat release vs crank angle relationship for an HCCI engine.

Compared with conventional diesel combustion, HCCI has the significant
advantages of low soot and NOx emissions. Soot reduction can be
achieved because the mixture is fully homogenised and usually leaner
than stoichiometric. Whilst low NOx emissions are achieved due to
rapid combustion and an excessive air supply which, respectively, suppress
the available reaction time and the temperature, both of which are
crucial conditions for NOx formation. However, unlike conventional diesel
combustion whose combustion process is highly dependent on fuel-air mixing,
HCCI uses a fully premixed mixture, thus, it is a completely chemical kinetics-
driven combustion process [39, 45]. The onset of ignition can only be
controlled by changing the in-cylinder temperature, pressure and mixture
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compositions during the compression stroke. Correspondingly, HCCI suffers
from ignition timing control and it is difficult to extend the operating load
range.

Moreover, HCCI also suffers from low combustion efficiency due to high HC
and CO emissions at low load [46] and high combustion noise at high load
[47]. As the fuel-air mixture is homogeneous and evenly distributed inside the
combustion chamber, a significant amount is trapped inside the piston crevices
during combustion. These trapped mixtures are then released back into the
cylinder during expansion when the temperature is too low to oxidize the
fuel. Additionally, the peak combustion temperature of HCCI is so low that
is sometimes even lower than the threshold temperature of 1500K required to
oxidize CO to CO2. These two aspects lead to high HC and CO emissions
at low loads. In addition, since the mixture is homogenous, when the in-
cylinder conditions satisfy its auto-ignition requirements, mixtures at different
locations of the combustion chamber tend to burn almost simultaneously.
This results in a high pressure rise rate which, at high loads, may cause
engine damage [48, 49].

2.3.2 Partially premixed combustion

The previous discussions about conventional diesel combustion and HCCI
have summarised their advantages and disadvantages. The advantages of
conventional diesel combustion include good fuel efficiency, stable combustion,
easy control, low HC and CO emissions and a wide operating load range. The
disadvantages are mainly high soot and NOx emissions. As for HCCI, the pros
are high fuel efficiency and low soot and NOx emissions, while the cons are
high CO and HC emissions, low controllability and a narrow operating load
range.

Partially premixed combustion (PPC) has been proposed [50, 51] to combine
the advantages of conventional diesel combustion and HCCI while avoiding
their shortcomings. Figure 2.6 depicts the cylinder pressure, heat release
rate and injector needle lift for a typical PPC operating point. Fuel is
injected earlier under PPC than in conventional diesel combustion, where
injection timing is close to TDC, but later than under HCCI, where injection
usually occurs during the intake stroke. It is well known that the injection
timing of PPC should be located between those of HCCI and conventional
diesel combustion; however, the exact boundaries between HCCI and PPC,
and PPC and conventional diesel combustion, are not yet defined in the
literature. It can be observed from Figure 2.6 that heat release starts after
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injection is complete, which is a common scenario for PPC-type combustion.
Therefore, the fuel-air mixture obtained is less homogeneous than that in
HCCI, indicating that the auto-ignition of the mixture is only partially driven
by chemical kinetics. Thus, combustion timing control, which is difficult in
HCCI, can be achieved by varying the injection timing. On the other hand,
when the injection timing of PPC is more advanced than the case shown
in Figure 2.6, the influence of chemical kinetics on auto-ignition becomes
stronger and the control of combustion phasing becomes harder. Thus the
improvement of controllability of PPC at early injection timings remains a
challenge for researchers.

C
yl

in
de

r 
pr

es
su

re
 [

ba
r]

H
ea

t r
el

ea
se

 r
at

e 
[J

/c
ad

]

0 20-40 -20 40-30 3010

Needle lift

CAD [ºaTDC]
-10

0

20

40

60

80

100

120

50

100

150

200

250

300

350

Heat release rate
Cylinder pressure

Figure 2.6: Cylinder pressure, heat release rate and injector needle lift variations according to crank angle for a typical PPC
operating point.

PPC shows the potential of reducing NOx and soot emissions simultaneously
when running with diesel [51]. However, to prevent early ignition, the
compression ratio needs to remain low and high EGR needs to be applied,
which results in low combustion efficiency and high CO and HC emissions.
Therefore, the focus of PPC study has shifted to the use of high octane number
fuels like gasoline [52]. The high resistance to auto-ignition of gasoline fuels
promotes fuel-air premixing before combustion occurs. Thus, by running
gasoline in a compression ignition engine, normal compression ratios can be
used and only a low ratio of EGR is required to suppress NOx emissions. High
efficiencies, and low soot and NOx emissions, can be achieved simultaneously
[52, 53]. It was further proposed that by using a proper combination of fuel-
air equivalence ratio, EGR, combustion phasing and combustion duration,
high fuel efficiencies, low emissions, good controllability and low engine noise
are achievable regardless of engine load, speed and ignition timing [27, 35, 54,
55].
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The good performance of PPC has drawn attention from numerous researchers
over the past decade who have been trying to understand the mechanism
of PPC. Figure 2.7 depicts a conceptual model of diesel PPC operating at
EGR-diluted, low-load and single injection conditions in a heavy-duty diesel
engine [56]. The number on the left of each subplot indicates the timing
of that subplot: a certain crank angle after the start of injection (aSOI).
Due to the earlier injection timing in PPC conditions, the ambient pressure
and temperature are lower. This leads to a penetration length of 30 mm,
which is longer than that in conventional diesel combustion mode (Figure
2.4). The fuel injection ends and the fuel fully vaporises by 8° aSOI. The
violet colour represents the first-stage ignition of premixed fuel-air mixtures,
where formaldehyde is produced extensively. At 12° aSOI, the second-stage
ignition of intermediate products and fuel-rich mixtures starts, and soot or
soot precursors (PAH) are produced in the rich burn zone. Later in the
cycle, beyond that shown in Figure 2.7, some lean fuel-air mixtures near the
injector typically do not reach or complete second-stage ignition and end up
generating CO, HC and formaldehyde.

Liquid fuel Fuel vapour

First-stage ignition (CH₂O, H₂O₂, CO, HC)

Intermediate ignition (CO, HC)

Second-stage ignition of intermediate stoichiometry or diffusion flame (OH)

Soot or soot precursors (PAH)

Distance from injector [mm] Distance from injector [mm]
0 10 3020 40 50 0 10 20 30 40 50

6.0º
aSOI

8.0º
aSOI

12.0º
aSOI

14.0º
aSOI

Second-stage ignition of fuel rich mixtures

Figure 2.7: Conceptual model of diesel PPC at EGR-diluted, low load and single injection conditions in a heavy duty
engine. Figure reproduced from [56].

Zhang et al. performed a three-dimensional direct numerical simulation
(DNS) to investigate the ignition and combustion processes of PPC fuelled
with primary reference fuel (PRF70) [57]. A double-injection strategy was
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used. Results showed that after injection, the simulation domain was divided
into three regions: a lean and nearly homogeneous region (ϕ < 0.5), where fuel
mainly came from the first injection, a fuel-rich region (ϕ > 1.2), where the
fuel mainly came from the second injection and, between these two regions,
a close to stoichiometry charge region (0.5 < ϕ < 1.2). They found that
the ignition initiated in the lean and stoichiometry charge region, followed
by partially premixed flame propagation in the fuel-rich region, and finishing
with a CO oxidation process in the fuel-rich region.

Figure 2.8 displays a conceptual model of gasoline PPC from Wang et al.
[58, p 100], which is an extension and complement of the model proposed by
Musculus [56]. The model was acquired at low-load, EGR-diluted and single
injection conditions in a heavy duty diesel engine fuelled with PRF87. Due to
the long ignition delay of high octane fuels, the areas along the spray axis are
highly leaned-out. Most of the first-stage ignition products are accumulated in
the recirculation zones on both sides of the spray axis. Second-stage ignition
may initiate inside or at the periphery of the recirculation zone, depending
on the conditions of local temperature and equivalence ratio. The pressure
wave produced by second-stage combustion pushes fuel and formaldehyde in
the recirculation zone towards the centre of the piston bowl and completes
the oxidation of the lean mixtures surrounding the injector.

Injector Spray axis

Second stage ignition

Piston bowl wall

First stage ignition 
products: fuel & CH₂O

Figure 2.8: Extended spray model of gasoline PPC at low-load, EGR-diluted, single-injection conditions. Figure reproduced
from [58].

Further research regarding different aspects of PPC has been conducted. This
includes, but is not limited to, load and efficiency [27, 59], fuel effects [60],
soot emission [61], engine control [62, 63], simulation tools [64–67], optical
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research [68, 69] and, finally, running PPC with renewable fuels [70].

2.3.3 Other LTC concepts

Aside from HCCI and PPC, there are several more LTC concepts. This section
will briefly introduce some of them.

Reactivity controlled compression ignition

Reactivity controlled compression ignition (RCCI) is a dual-fuel LTC concept.
A low-reactivity fuel (e.g. gasoline) is injected very early during the intake
stroke or by port-fuel injection to form a homogeneous mixture as the base.
Then, a high-reactivity fuel (e.g. diesel) is injected close to TDC as the igniter.
By controlling the proportions of these two fuels, acceptable combustion can
be achieved at any engine speed and load [71]. Moreover, by injecting the
high-reactivity fuel close to TDC, stratification of both equivalence ratio and
chemical reactivity are established, which leads to good combustion stability
and low engine noise [72, 73]. Due to the early injection of low-reactivity fuel,
RCCI was reported to have the issue of high HC emissions originated from
crevices [74]. Another concern with RCCI is that it needs two sets of fuel
injection systems and two fuel tanks. The latter problem was proposed to
be solved by adding a cetane improver to the gasoline to substitute for the
ignition function of the diesel [75].

Modulated kinetics combustion

Modulated kinetics (MK) combustion was developed by researchers from
Nissan Motor Company Ltd [76, 77]. It uses diesel direct injection and the key
idea is to avoid auto-ignition before the end of injection, which is similar to the
principle of PPC. The following techniques were applied to achieve this goal.
First, high injection pressure and swirl were used to shorten the injection
duration and enhance fuel-air mixing. Second, the injection timing was
retarded (3°aTDC) to extend the ignition delay. Last, EGR was introduced
to prolong the ignition delay and reduce the combustion temperature at the
same time. By doing so, MK is dominated by premixed combustion and
avoids high-temperature diffusion flame to a large extent. This leads to both
low soot and NOx emissions. However, the mechanisms of MK are essentially
the same as those of diesel PPC; therefore, MK also suffers from a limited
load range and high CO and HC emissions.
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Uniform bulky combustion system

The uniform bulky combustion system (UNIBUS) is another diesel LTC
concept [78, 79]. UNIBUS is characterised by using a double injection
strategy. The first injection happens during the early compression stroke
which is designed to initialize the low-temperature reactions only. Long-
chain fuel molecules are expected to break down into small ones. The second
injection starts close to TDC and works as an ignition trigger. UNIBUS has
also been investigated using optical tools [80].

Spark-assisted compression ignition

Spark-assisted compression ignition (SACI) is an LTC concept rooted in spark
ignition engines, i.e. gasoline engines. The purpose is to solve the problems
encountered when implementing HCCI in a gasoline engine [81, 82]. Thus,
SACI applies both flame propagation (as in the spark ignition) and kinetic
controlled combustion (as in HCCI). Usually, by using negative valve overlaps
(NVO), more residual gases from the previous cycle remain in the combustion
chamber to heat the fresh charge of the next cycle. Then, a spark ignites the
mixture. As combustion proceeds, the pressure and temperature within the
combustion chamber increase and the unburned mixture auto-ignites as per
the HCCI process [83, 84].

2.4 Approach of the Study

2.4.1 Motivations of the study

According to the previous discussions, the goals of PPC study can be
summarised as follows:

Achieving high efficiency and low emissions simultaneously.
Conventional diesel combustion has the drawbacks of high soot and NOx
emissions, while HCCI has a limited operation range, high CO and HC
emissions, and high engine noise. Both have good fuel efficiency. PPC
is expected to have the advantages of both techniques while avoiding their
shortcomings.

Improving the controllability of PPC. PPC is a combustion concept
that consists of the mechanisms of both HCCI and conventional diesel
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combustion. The determining factor is the injection timing. Under the
circumstance of single injection, when the injection timing is close to that
of conventional diesel combustion, the combustion phasing control of PPC
is very good. However, when the injection timing is advanced towards that
of HCCI, the controllability of PPC deteriorates. Therefore, learning how
to improve the controllability of PPC, especially at early injection timings,
remains a valuable research question.

2.4.2 Objectives of the study

The two motivations described in the previous section are the basis for the
research of this thesis. The objectives of the current study are as follows:

Understanding the transition process from HCCI to PPC and,
further, to conventional diesel combustion. As mentioned in Section
2.3.2, it is well known that the injection timing of PPC should be located
between that of HCCI and conventional diesel combustion; however, the
exact boundaries of injection timing between HCCI and PPC, and PPC and
conventional diesel combustion, are unclear. This makes it difficult when
one wants to know what type of combustion concept is under investigation.
Therefore, it is crucial to understand the transition process from HCCI to
PPC and, further, to conventional diesel combustion, in order to separate
them.

Improving the controllability of PPC. Based on the understanding of
the transition process, factors affecting the controllability of PPC at early
injection timings can be tested and analysed. This can give clues to ways of
improving controllability in future research.

Exploring the potential of getting higher efficiencies from PPC. In
the transition from HCCI via PPC to conventional diesel combustion, a clear
comparison of efficiency can be made among these combustion concepts and
the reasons behind them can be analysed.

2.4.3 Methodology

The research described in this thesis includes both experimental and
numerical methods. First, all operating points were observed in a heavy duty
Scania D13 single cylinder compression ignition engine. Then, some of the
engine operating points were reproduced using three-dimensional simulation
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tools, in the current case, using KIVA-3V code. The simulation work is
mainly credited to our collaborative partner Leilei Xu in the Division of
Fluid Dynamics, Lund University, and was supervised by Professor Xue-
song Bai. I joined the discussions of building the simulation model and
choosing the appropriate parameter settings. A more detailed description
of the experimental setup can be found in Chapter 3. Introduction of the
simulation model is not given in the thesis. Interested readers are refereed to
[85].
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CHAPTER3

EXPERIMENTAL FACILITIES

The experimental work in this thesis was conducted on a Scania D13
heavy duty diesel engine. Experimental apparatus also included an emission
measurement system, a data acquisition system and a data post-processing
system. In this chapter, the engine setup and the three associated systems
will be introduced.

3.1 Engine Setup

The engine used was part of the Scania DC13 industrial engine product line.
It has six in-line cylinders, each with a displacement volume of 2.12 litres.
Five of the six cylinders were deactivated by drilling holes in the pistons. A
photo of the engine and a schematic drawing of the engine setup are shown
in Figures 3.1 and 3.2, respectively. The engine specifications are shown in
Table 3.1.

The active cylinder was equipped with independent intake and exhaust
systems. Intake air was supplied from an external compressor with a
maximum available intake pressure of 11 bar. The intake air pressure was
adjusted by controlling the intake pressure valve remotely using an in-house-
built LabVIEW real-time control system. An airflow meter was installed
after the intake pressure valve. Downstream of the flow meter was an
externally-powered air heater which heated up the intake air to a desired
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Figure 3.1: Photograph of the engine in the test cell.
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Figure 3.2: Schematic drawing of the engine setup.

temperature. The heater was controlled by a proportional–integral–derivative
(PID) controller with an accuracy of ±0.5◦C. An intake plenum was installed
to reduce pressure waves from the external compressor, and to enable the
fresh intake air and recirculated exhaust gas (EGR) to mix fully.

The fuel was supplied by a Scania XPI common rail injection system, which
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Table 3.1: Engine specifications.

Displaced volume 2124 cc
Stroke 160 mm
Bore 130 mm
Connecting rod 255 mm
Compression ratio 17.3:1
Swirl ratio 2.1
Exhaust valve open 43° BBDC
Inlet valve close 39° ABDC

was controlled by the LabVIEW system. The maximum achievable rail
pressure was 2200 bar. A solenoid injector was used, and the specifications of
the injector are shown in Table 3.2. The fuel flow rate could be deliberately
tuned by adjusting both the common rail pressure and the injector nozzle
opening time and was measured by a Sartorius CPA 62025 scale.

By controlling the intake air pressure and temperature, and fuel flow rates,
the in-cylinder charge compositions could be controlled as wished.

In the combustion stroke, the fuel was burned completely, or not, depending
on the fuel/air ratio and many other factors. After combustion, the exhaust
gases came out of the cylinder and were split into two paths. Exhaust in
one path went through a back-pressure valve into the atmosphere. The back
pressure was always kept higher than the intake to simulate the use of a
turbocharger in an on-board engine. The emission ingredients were measured
by devices placed after the back-pressure valve. Exhaust gases in the other
path were recirculated. They passed through the EGR cooler with an outlet
temperature of roughly 25◦C. Thus, the water vapour was condensed in the
cooler. The EGR valve was regulated to give a desired amount of EGR.

An electric motor was used to maintain the engine at a given rotational speed
when the engine was fired, or to drive the engine at a desired speed when
it was off. When running experiments, the cooling water temperature was
kept roughly constant at 85◦C by flowing through a heat exchanger which
was cooled down by tap water. The lubrication oil pressure was kept between
5 and 6 bar during operation.
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Table 3.2: Specifications of the injector.

Type Solenoid
Orifice number 8
Flow rate 207 pound per hour
Spray angle 120°

3.2 Emission Measurements

The regulated or unregulated emission levels are important criteria when
judging the quality of a combustion system. In this work, an AVL AMA i60
emission meter[86] was deployed to measure exhaust gas emissions, including
CO2, O2, CO, HC, NOx and CH4. The intake CO2 concentration was also
measured to calculate the EGR ratio, as shown in Equation 3.1. The emission
meter was calibrated with synthetic calibration gas before each engine test.
Soot emission was measured by an AVL micro soot sensor[87] which had a
measurement range of 0.001−50mg/m3.

EGR =
CO2Intake
CO2Exhaust

(3.1)

Knowing the concentration of each gaseous emission in the exhaust, the air-
fuel equivalence ratio (λ) can be calculated using Equation 3.2. The λ value
is a key controlling factor for engine testing. Aside from the λ value given
by the emission meter (λ1), an ETAS LA4 lambda meter was also used to
monitor the real-time lambda value (λ2). These two lambda values (λ1 and
λ2) must be close enough to verify the effectiveness of the experimental data.
Also, considering that the ETAS LA4 lambda meter is less accurate under
very lean conditions, the lambda value given by the emission meter was used
in data post-processing.

λ =
AFR

AFRstoich
(3.2)

Where
AFR =

mair

mfuel
(3.3)

AFRstoich : an ideal air-fuel ratio that burns all fuel with no excess air.
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3.3 Data Acquisition

A schematic drawing of the data flow of the data acquisition system is
presented in Figure 3.3. As can be seen, there are three groups of data saved
by the control computer.

The first group of data was from the data logger (Agilent Technologies,
34970A Data Acquisition Unit). It included all temperature measurements,
oil pressure, and air and fuel flow rates. Temperature measurements were
made of the intake air, cylinder head, cooling water, exhaust, EGR before
cooling, EGR after cooling, oil, return fuel, and ambient air. Measurements
in the first data group were saved every two seconds. For each operating
point, 30 consecutive samples were saved under the circumstance of stable
engine running.

The second data group was from the real-time target computer. A PXI
FPGA module from National Instruments was installed and responsible for
the sampling of high-frequency signals, including the cylinder pressure, intake
and exhaust pressures, common rail pressure and the injector current signal.
The sampling rate was once for every 0.2◦CA. At an engine speed of 1,200
rpm, 36,000 samples were taken each second. For each operating point, 300
consecutive cycles of these high-frequency signals were saved and, usually, the
average values were used for analysis. Among these high-frequency signals,
the cylinder pressure signal is worth a detailed description.
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Figure 3.3: Schematic drawing of the data flow.
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The cylinder pressure was measured by a Kistler 7061B 14 mm piezoelectric
pressure sensor. A photo of the sensor is shown in Figure 3.4. The sensor was
flush-mounted on the cylinder head and cooled separately by tap water. Due
to its water cooling, it had good sensitivity and thermal drift stability, thus
performing highly precise measurements. Its measurement range was 0−250
bar. It output an electric charge signal to a charge amplifier (Kistler 5011;
photo in Figure 3.4). The charge amplifier received the electric charge signal
and amplified it to a voltage signal between 0 and 10 volts. Here, 0 volts
represents 0 bar and 10 volts represents 250 bar. The voltage signals from
the charge amplifier were digitised by an analog-to-digital (A/D) converter
and then saved into the real-time target computer. In post-processing, these
digitised signals were converted back to pressure values.

The last data group was of emission data collected at a low frequency of
0.5 Hz − the same as for the first data group. As mentioned earlier, the
gaseous emissions included CO2 (both in the intake and exhaust), O2, CO,
HC, NOx and CH4. Soot emissions are given in mg/m3. The emission values
were saved every two seconds and 30 consecutive samples were collected for
each operating point.

3.4 Post-processing

Data post-processing was done using a self-written Matlab code. It mainly
consisted of three calculations: the heat release rate, emissions and efficiencies.

Figure 3.4: Cylinder pressure sensor and charge amplifier.
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3.4.1 Heat release rate

The heat release rate was calculated based on the measured cylinder pressure.
However, the cylinder pressure values given by the sensor were relative
pressures. Thus, we needed a decent absolute cylinder pressure value at a
certain CAD as a baseline to convert the relative pressures to absolute values.
There are several ways to do this [88]. The method used in this thesis was to
set the cylinder pressure at inlet BDC to equal the intake manifold pressure.
However, the cylinder pressure at the inlet BDC point may have large cycle-
to-cycle variations. To avoid this, the mean value of the cylinder pressures
from 5◦ CA before BDC to 5◦ CA after BDC was used, as shown in Equation
3.4.

Pintake = P(BDC− 5◦) : (BDC+ 5◦) (3.4)

Cylinder volume as a function of crank angle degrees (θ) was calculated
according to Equation 3.5.

V(θ) =
Vd

Cr − 1
+

π · d2

4
×
[√

(a+ c)2 − b2 − a · cos θ −
√
c2 − (a · sin θ − b)2

]
(3.5)

Where

Vd is the displacement volume.

Cr is the effective compression ratio.

d is the cylinder bore.

a is the crank radius.

c is the connecting rod length.

b is the offset between the cylinder central line and the crank-shaft. b
was set to zero in this thesis.

Given the cylinder pressures and volume, the apparent heat release rate
(aHRR) can be calculated using Equation 3.6.

dQhr =
γ

γ − 1
· P · dV+

1
γ − 1

· V · dP (3.6)
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Where
γ =

Cp

Cv
(3.7)

According to the definition, γ is the ratio of specific heats, which changes with
both temperature and charge compositions [89]. Nevertheless, in this thesis,
a simplified method was used to estimate the γ values. First, the in-cylinder
condition at intake valve closing (IVC) time was set as the initial condition.
The cylinder pressure and temperature at that timing were denoted as P0 and
T0. Referring to the fuel/air equivalence ratios during the experiment, the
initial value of γ: γ0 can be decided [90]. Next, the cylinder temperature at
an arbitrary crank angle timing was calculated using Equation 3.8. Then, the
γ at that timing was determined according to Equation 3.9.

PV
T

=
P0V0

T0
(3.8)

γ = γ0 −
T− 300
1000

× 0.0813 (3.9)

Based on the aHRR, several terms can be defined and calculated, including:

Accumulated heat release: the integral of aHRR with respect to CAD.

Start of combustion (SOC): the crank angle timing where 1% of total
energy is released.

CA10: the crank angle timing where 10% of total energy is released.

CA50: the crank angle timing where 50% of total energy is released.

CA90: the crank angle timing where 90% of total energy is released.

Combustion duration: the CADs between CA10 and CA90.

In this thesis, the Woschni heat transfer model was not used. The reason
was that under low load conditions, the energy estimated by the Woschni
heat transfer model was a significant fraction of the total energy. This
critically affected the calculation of combustion phasing, especially the CA90.
Furthermore, the combustion duration values were heavily distorted.
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3.4.2 Emissions

With the gaseous emission meter, the concentrations of the following species
were measured: HC (unburnt fuel), CO2 (of both intake and exhaust), CO,
O2, NO and NO2. With these values, a complete emission analysis can be
done using the method in [91, p 106]. The air/fuel equivalence ratio (λ) can
be calculated by Equation 3.10. In the equation, a, b, and c respectively
represent the quantities of carbon, hydrogen and oxygen atoms in a fuel
molecule, while x represents the concentration of a gas species. The intake
oxygen concentration was estimated according to the EGR ratio and the O2
concentration in the exhaust, shown in Equation 3.11.

λ =
1

2×
(
a+ b

4 −
c
2

)×
[

a
a · xHC + xCO + xCO2

× (c · xHC + xH2O + 2 · xCO2 + xCO + 2 · xO2 + xNOx)− c
]

(3.10)

O2intake = 0.21− EGR× (O2exhaust − 0.21) (3.11)

3.4.3 Efficiencies

The energy flow in an engine, from fuel energy to effective work, is illustrated
in Figure 3.5 [91]. The energy streams are expressed as mean effective
pressures (MEPs). The MEP is the result of an energy flow divided by the
engine displacement volume (Vd). Calculations of fuel MEP and indicated
mean effective pressure (IMEP) are shown in Equations 3.12 and 3.13,
respectively.

For four-stroke engines, the IMEP can be calculated either for only the
compression and expansion strokes, or for all four strokes. The former is
defined as IMEPgross while the latter as IMEPnet. Their calculations are shown
in Equations 3.14 and 3.15, correspondingly.

FuelMEP =
mf · LHV

Vd
(3.12)

IMEP =
Wi

Vd
=

1
Vd

·
∫ BDC

BDC
P · dV (3.13)
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IMEPgross =
WC +WE

Vd
=

1
Vd

·
∫ 360

0
p dV (3.14)

IMEPnet =
WC +WE +WExh +WInt

Vd
=

1
Vd

·
∫ 720

0
p dV (3.15)

Where

mf : mass of fuel in a cycle.

LHV: lower heating value of the fuel.

Vd: displacement volume.

Wi: indicated work.

WC, WE, WExh, WInt: work during compression, expansion, exhaust, and
intake strokes, respectively.

FuelMEP

Combustion efficiency

QMEP

Thermodynamic 
efficiency

IMEPgross

IMEPnet

Mechanical efficiency

Gas exchange efficiency

BMEP

Gross indicated 
efficiency

Net indicated 
efficiency

Brake efficiency

FMEP

PMEP

QlossMEP

QemisMEP

HtMEP

ExhMEP

Figure 3.5: Energy flow from fuel (top) to useful engine work (bottom) [91].

Back to Figure 3.5, the process starts with the fuel energy (FuelMEP). After
combustion, most of the fuel energy is released in the form of heat (QMEP),
while a small part is lost as unburnt fuel (QemisMEP). The ratio of QMEP
to FuelMEP is the combustion efficiency (Equation 3.16). Then, part of
the heat is converted into gross indicated engine work (IMEPgross) through a
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thermodynamic cycle. The efficiency of this cycle is named thermodynamic
efficiency (Equation 3.17), and the energy loss during the cycle consists of two
parts: heat transfer loss (HtMEP) and exhaust loss (ExhMEP). The ratio of
IMEPgross to FuelMEP is called gross indicated efficiency (Equation 3.18).
Finally, eliminating the pumping loss (PMEP) and friction loss (FMEP)
sequentially from IMEPgross, we get the net indicated work (IMEPnet) and brake
work (BMEP). The associated efficiencies are the net indicated efficiency and
brake efficiency, respectively. The work in this thesis was conducted on a
single cylinder engine, where the FMEP was not measurable. Thus, the
efficiency analysis in the thesis ends with the net indicated efficiency, and
most of the time, gross indicated efficiency will be used.

ηcomb =
QMEP
FuelMEP

= 1− QemisMEP
FuelMEP

(3.16)

ηtherm =
IMEPgross
QMEP

= 1− HtMEP+ ExMEP
QMEP

(3.17)

ηgross =
IMEPgross
FuelMEP

(3.18)
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CHAPTER4

RESULTS AND DISCUSSION

In this chapter, the main results are reported in four parts. The first part gives
an overview of the transition from HCCI to PPC. The second part reports
a sensitivity analysis of combustion phasing to intake temperature and start
of injection (SOI) timing during the transition. The third part states the
effects of several factors, including the EGR ratio, fuel properties and piston
geometry, on the stratification formation process in the transition. The last
part discusses the efficiency characteristics during the transition from HCCI
to PPC.

4.1 Overview of the Transition from HCCI to PPC

Engine running conditions and fuel specifications

As mentioned in Chapter 2, the biggest difference in the control strategies
of HCCI, PPC and conventional diesel combustion is in the SOI timing.
Therefore, in order to understand the different mechanisms of these
combustion concepts, an SOI sweep from HCCI to PPC, and then to
conventional diesel combustion, is the best starting point. Such a sweep
was conducted and the engine running conditions are shown in Table 4.1. By
tuning the intake temperature, the combustion phasing was kept constant at
3° aTDC to ensure the proper combustion state at each operating point. The
fuel used was a refinery gasoline supplied by Chevron, and its specifications
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are shown in Table 4.2. Aside from the gasoline, a PRF (primary reference
fuels, mixed from iso-octane and n-heptane) was also used in the research,
which will be discussed later in this chapter. The specifications of that PRF
are also displayed in Table 4.2.

Table 4.1: Engine running conditions of the SOI sweep from HCCI to PPC

Engine speed 1200 rpm
Engine load 3−4 bar IMEPgross

Intake pressure 1.25 bar
Intake O2 concentration 15% (about 50% EGR)
Injection method Single injection
SOI −180° aTDC to ∼ (independent variable)
Common rail pressure 800 bar
Injection duration 900 µs
CA50 3° aTDC
Intake temperature Floating (dependent variable)

Table 4.2: Specifications of the fuels used.

Fuel type Gasoline PRF

Research octane number 87 81
Motor octane number 81 81
Sensitivity (RON−MON) 6 0
H/C 1.92 2.279
O/C 0 0
Low heating value 43.5 MJ/kg 44.46 MJ/kg
Stoichiometric air/fuel ratio 14.6 15.5
Vapor pressure 232.6 mmHg 40.8 mmHg
Heat of vaporization (0.38-0.5) kJ/g 0.317 kJ/g

Five zones and three regimes

In the SOI sweep, most of the engine control parameters that can
affect fuel auto-ignition were kept constant, such as the engine’s physical
properties, engine load, cooling water temperature, oil temperature, and
so on. Therefore, after the compression stroke, auto-ignition of the fuel
was dominated only by three factors: cylinder pressure, temperature and
fuel stratification [92]. Among these factors, the cylinder pressures after
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compression were the same for all operating points due to unchanged
intake pressures. Cylinder temperature and fuel stratification, on the other
hand, were determined by intake temperature and SOI, respectively. Thus,
the required intake temperature was an indicator of the in-cylinder fuel
stratification conditions.

Figure 4.1a shows how the required intake temperature changed with SOI
timing in the transition from HCCI to PPC. The overall trend of intake
temperature had a spoon shape, with the spoon handle on the −180° aTDC
side. According to this trend, the whole SOI sweep can be divided into five
zones. The behavior of the intake temperature in each zone can be explained
as follows.

Zone 1: By changing the SOI from −180° to −140° aTDC, the required
intake temperature slightly increased. This is because the engine
had an inlet valve close timing of −141° aTDC. When injecting at
−140° aTDC, the in-cylinder charge was cooled down more than when
injecting at −180° aTDC.

Zone 2: When SOI was between −140° and −80° aTDC, the required
intake temperature stayed roughly constant at 145°C. This implies
the in-cylinder fuel stratification conditions were unchanged in this
zone. In other words, the fuel/air mixture condition was very
homogeneous and not sensitive to SOI.

Zone 3: The required intake temperature fluctuated in this zone.
Generally, the temperatures in zone 3 were higher than those in zones
1 and 2, excluding an outlier at −60° aTDC. This phenomenon, put
briefly, was due to the fuel spray mainly hitting the piston top-land,
resulting in the accumulation of some trapped fuel in the crevices.
The reasons for the appearance of the outlier at −60° aTDC will be
interpreted in detail later.

Zone 4: In zone 4, the required intake temperature dropped dramatically.
As the SOI was retarded, more and more fuel was injected into the
combustion chamber directly and the fuel-air mixture was getting
more and more stratified. Some locally-rich mixtures were reactive
enough to trigger combustion even at a rather low intake temperature.

Zone 5: As SOI was further delayed, the mixture became over-stratified.
The gasoline fuel used had a low cetane number; thus, a very long
ignition delay was required. However, the available mixing time was
getting shorter; thus, higher intake temperatures were necessary to
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initiate a reaction.

By correlating these five zones, defined by intake temperature, with different
combustion methods (HCCI and PPC), these five zones can be simplified to
three regimes: the HCCI regime, Transition regime and PPC regime. The
three regimes are shown in Figure 4.1b.
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Figure 4.1: Illustration of the five zones and three regimes, as defined by temperature vs SOI.

Combustion characteristics in the three regimes

It may be questioned how these three regimes are defined. Figure 4.2 presents
the simulated ϕ − T distributions of four operating points in three regimes.
An introduction to the simulation model can be found in paper [85]. Each
of the four operating points can represent a typical charge mixture condition
in their own regime. First, in the HCCI regime, when injecting at −100°
aTDC, the combustion chamber was mainly filled by mixtures with ϕ values
between 0.4 and 0.6. Then, in the Transition regime, the ϕ values were more
widely spread and some locally stoichiometric mixtures can be observed. This
suggested that the mixtures in the Transition regime were not as homogeneous
as those in the HCCI regime. However, the locally stoichiometric mixtures
were mainly those trapped in the crevices, which can be confirmed by Figure
4.4. Finally, for the mixtures in the early PPC regime, ϕ values ranging from
0.3 to 1.7 were observed, which is very typical in PPC-type combustion [57].
Additionally, when SOI was further delayed to −20° aTDC, the operating
point was denoted as a late PPC point. It is shown in the figure that the
equivalence ratios were roughly evenly scattered in a ϕ range between 0.2
and 2.5. But in fact, the fuel proportion on the rich side was much higher
than on the lean side. The combustion mode was closer to conventional
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diesel combustion rather than PPC. A detailed exploration of the in-cylinder
ϕ distribution of several operating points in each regime will be given in the
following paragraphs.
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Figure 4.2: The ϕ-T distributions at several representative operating points in three regimes before combustion (at −3°
aTDC).

Figure 4.3 presents the simulated ϕ distributions before combustion for two
operating points in the HCCI regime. ϕmean, σbowl and ϕmax represent the mean
effective ϕ, fuel-mass-weighted ϕ deviation, and maximum ϕ, in the piston
bowl, respectively. The definition of ϕmean and σbowl are shown in Equations
4.1 and 4.2, correspondingly. This figure confirms that in the HCCI regime,
as SOI varied, the fuel stratification conditions were basically unchanged.
Therefore, the required intake temperatures in the HCCI regime were largely
constant, except for the slight perturbation caused by IVC.

Figure 4.3: ϕ distributions at −3° aTDC for two points in the HCCI regime.

39



ϕmean =

ncell∑
i=1

mi

mf
· ϕi (4.1)

σbowl =

√√√√ ncell∑
i=1

mi

mf
· (ϕi − ϕmean)

2 (4.2)

Where

ncell : total number of mesh grid cells in the piston bowl.

mi : fuel mess in the i th cell, calculated based on all the atoms originating
from fuel.

mf : total fuel mess in a cycle.

ϕi : equivalence ratio of the i th cell.

Figure 4.4 demonstrates the simulated ϕ distributions before combustion
for two operating points in the Transition regime. In this regime, before
combustion, much of the fuel was trapped in the crevices or accumulated
against the cylinder head far from the cylinder centreline. Fuel trapped in
the crevices was the main source of HC emission [93], thus, the HC level in the
Transition regime was outstanding, as revealed in Figure 4.8. Accordingly,
lower combustion efficiencies were expected for the operating points in the
Transition regime. As SOI was retarded from −66° to −59° aTDC, a trend
can be observed that the fuel trapped in the crevices was moving towards the
combustion chamber. In addition, a trough in intake temperature at −60°
aTDC can be seen in Figure 4.1. The reason was, according to optical engine
research conducted by Lonn et al. [69], that in the Transition regime, the
initial ignition location shifted between the inside and outside of the piston
bowl. A higher intake temperature was needed when the initial ignition
location was inside the piston bowl (and far from the cylinder centreline).
The reason for this phenomenon is not clear yet. Also, it is not confirmed
that the mechanism proposed by the optical engine study is fully applicable
to a metal engine case since the hardware configuration was slightly different,
e.g. the optical engine had a higher squish height.

Figure 4.5 demonstrates the simulated ϕ distributions before combustion for
two operating points in the PPC regime. On the left is the point in the early
PPC regime and on the right is the point in the late PPC regime. When
injected at −36° aTDC, the fuel was properly stratified and some locally-
rich mixtures were easier to ignite, causing the required intake temperature
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Figure 4.4: ϕ distributions at −3° aTDC for two points in the Transition regime.

Figure 4.5: ϕ distributions at −3° aTDC for two points in the PPC regime.

to drop dramatically in this regime, as shown in Figure 4.1. When the SOI
was further retarded into the late PPC regime, e.g. at −20° aTDC, mixtures
were over-stratified. A large amount of fuel collected in a small part of the
combustion chamber. Thus, higher intake temperatures were necessary to
trigger combustion.

Figure 4.6 presents the cylinder pressure and HRR profiles of three operating
points. These points are in three different regimes but had similar intake
temperatures (141°C, 145°C and 136°C). During compression and combustion,
the −20° aTDC point had the highest cylinder pressure, while the −60° aTDC
point had the lowest. However, their intake pressures were identical which can
be seen in the embedded figure. Therefore, the cause of the deviated cylinder
pressures could be the different mixture conditions. Judging from the HRR
traces, the −60° aTDC point had the lowest burn rate while the −20° aTDC
point had the highest.

Figure 4.7 shows the peak pressure rise rates and mean effective ϕ with respect
to SOI. The mean effective ϕ is defined as in Equation 4.1. The trend can
explain the phenomenon presented in Figure 4.6, where the operating point in
the PPC regime had a higher burn rate than that in the HCCI regime. In the
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Figure 4.6: Cylinder pressures and HRRs of points in three regimes.

HCCI regime, the mean effective ϕ was very low and had high homogeneity.
In other words, the fuel was widely spread in the combustion chamber and
the temperature variations between the mixtures at different locations were
large, due to vastly changed heat transfer conditions (this can be confirmed
by observing Figure 4.2). The ignition delays of these mixtures with different
temperatures varied drastically. Therefore, although the mixture was overall
homogeneous, auto-ignition did not happen simultaneously but sequentially,
from the hot part to the cool part. This resulted in a rather long combustion
duration. In contrast, under PPC conditions, the mean effective ϕ was higher
and more stratified. This meant the fuel was more condensed spatially and the
temperatures of the mixtures were close (which can be confirmed by observing
Figure 4.2). Thus, mixtures reached their auto-ignition conditions at similar
times. Moreover, the spatially condensed fuel distribution made the flame
propagate easily through most of the mixtures. This led to much quicker
combustion and higher pressure rise rates in the PPC regime than in the
HCCI regime.

Emission characteristics in the three regimes

Figure 4.8 shows the CO, HC, NOx and soot emissions during the SOI sweep.
First, CO emission substantially fluctuated between 20 and 60 g/(kg fuel),
especially when the SOI fell in the range from −90° to −45° aTDC, which
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Figure 4.7: Peak pressure rise rates and mean effective ϕ with respect to SOI.

mainly occurred in the Transition regime. Next, the operating points in
the Transition regime yielded the largest HC emissions, while those in the
PPC regime yielded the least. After that, a trade-off between NOx and HC
emissions was observed. The NOx emission first increased slowly in the early
PPC regime where the mixtures were properly stratified. Then, it jumped to a
much higher level when the mixtures became over-stratified, accompanied by
increasing intake temperatures. Finally, the soot emissions in the PPC regime
were much higher than those in other regimes, particularly for those points
with low intake temperatures. The existence of local fuel-rich mixtures was
one reason for the high soot emission, and the other was the lack of late-cycle
soot oxidation. As observed in Figure 4.6, the points in the PPC regime had
a higher combustion rate, which meant a superior expansion ratio and lower
after-expansion temperature. Thus, the late cycle soot oxidation process was
inhibited and more soot was yielded. In the late PPC regime, where the intake
temperatures rose, the late cycle soot oxidation process was re-enhanced and
declining soot emissions were observed.

4.2 Sensitivity Analysis in the Transition from
HCCI to PPC

It is well-known that PPC has the drawback of less controllability than
conventional diesel combustion. The purpose of the sensitivity study is to
test the engine’s controllability when operating in the three regimes, as well as
to propose methods for improving the controllability of PPC if possible. The
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Figure 4.8: Emissions during the SOI sweep.

effects of two control parameters, SOI and intake temperature, on combustion
phasing were tested. The sensitivity test strategy is graphically represented
in Figure 4.9. The red central dots signify the points from the SOI sweep
shown in Figure 4.1. Each of the two blue dots on the x-axis represents
an operating point which has a 1°CA earlier (or later) SOI than the central
point. Similarly, the two dots on the y-axis represent operating points with
intake temperatures a few Celsius degrees higher or lower than the central
point. Given the combustion phasing data of the central and four surrounding
operating points, the derivatives of CA50 with respect to SOI and intake
temperature can be calculated according to Equations 4.3 and 4.4.

dCA50
dSOI =

CA501 − CA502
SOI1 − SOI2

(4.3)

dCA50
dTin

=
CA501 − CA502
Tin1 − Tin2

(4.4)
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Figure 4.9: The sensitivity test strategy.

Figure 4.10 compares the cylinder pressures and HRRs of the intake
temperature and SOI sensitivity points with that of the central point at −50°
aTDC. Figure 4.10a shows that a later SOI yielded earlier and faster HRR and
higher cylinder pressure, and vice versa. Likewise, Figure 4.10b demonstrates
that a higher intake temperature advanced and accelerated the combustion,
and produced higher cylinder pressure, while a lower intake temperature did
the opposite. The conclusions of these two figures are robust at the current
SOI; however, they are not representative of the whole sweep.

Figure 4.11 shows the sensitivities of CA50 to SOI and intake temperature
in the transition from HCCI to PPC. For the sensitivity of CA50 to intake
temperature, a negative value implies that higher intake temperatures would
lead to earlier CA50s. This is exactly the situation shown in Figure 4.11a, that
throughout the SOI sweep, the sensitivities of CA50 to intake temperatures
were always negative. On the other hand, the sensitivity of CA50 to SOI
is negative when a later SOI produced an earlier CA50. For that, both
negative and positive values were observed in the figure. Moreover, in
the HCCI regime, the sensitivities of CA50 to SOI and intake temperature
were both very low. A little controllability can be achieved by tuning the
intake temperature since these sensitivities had a nearly constant value of
−0.3°CA/K. However, the irregularly fluctuating sensitivities of CA50 to SOI
mean that zero controllability can be obtained by changing SOI.

In order to demonstrate the sensitivity results clearly in the Transition and
PPC regimes, they are enlarged and shown in Figure 4.11b. Additionally, the
intake temperatures in these two regimes were also plotted to aid analysis.
Several observations should be made. First, the sensitivity of CA50 to intake
temperature was more pronounced in the Transition regime than in the HCCI
regime. It was further boosted in the PPC regime. At −35° aTDC, a peak
sensitivity value of −2.1° CA/K was reached. Next, the situation was more
complicated for the sensitivity of CA50 to SOI. Until −70° aTDC, SOI did
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Figure 4.10: Cylinder pressures (solid lines) and HRRs (dash lines) of the central and four sensitivity points at −50° aTDC.

not exhibit any impact on CA50. Between −70° aTDC and approximately
−53° aTDC, an earlier SOI resulted in a more advanced CA50 and the effect
was moderate. When it came to the PPC regime, the impact of SOI on CA50
was inverted and became quite aggressive in the early PPC regime, where
the intake temperature declined dramatically. The peak sensitivity value of
combustion phasing to SOI was −3.8°CA/°CA at −46° aTDC, probably far
above the ideal level from the perspective of easy control. Moreover, when the
SOI was later than −30° aTDC, the effect of SOI and intake temperature on
CA50 were both restrained, though that of SOI was slightly greater. Overall,
from −180° to −70° aTDC, the intake temperature was more effective in
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Figure 4.11: The sensitivities of CA50 to SOI and intake temperature.

controlling CA50 than SOI, while at later than −70° aTDC, SOI was more
effective.

Aside from the previous observations, it was also perceived that within the
range where the intake temperature declined drastically, both sensitivities
increased rapidly. These overrunning sensitivities would create great
challenges in building a decent control strategy in the early PPC regime.
One way to ease the overgrowing sensitivities would be to flatten the slope
along which the intake temperature drops. This slope can be flattened by
either reducing how much the intake temperature declines or extending the
CADs in which the decline occurs, i.e. expanding the width of the early PPC
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regime. This latter task is attainable by optimising the piston bowl geometry,
which will be reported later.

The previously discussed sensitivity test was done with a 15% oxygen intake,
equivalent to 50% EGR. After that, the test was re-run without EGR, i.e.
a 21% oxygen intake. The sensitivity results of both tests are exhibited in
Figure 4.12. For the 21% oxygen intake case, the sensitivity of combustion
phasing to SOI was most significant in the range between −50° and −30°
aTDC. This range was the same for the 15% case which implies that the range
was affected by factors other than the intake conditions, e.g. the piston bowl
geometry. Additionally, the sensitivity of CA50 to SOI was enhanced over
the investigated range by changing the inlet oxygen concentration from 15%
to 21%, while the sensitivity to intake temperature was reduced. In other
words, the combustion became more influenced by intake temperature and
less by SOI as the EGR ratio increased. The reason is that EGR suppressed
the chemical reactivity of the mixtures at all equivalence ratios. Thereafter,
mixture stratification, which is a result of changing SOI, had less influence
on combustion, and the effect of global parameters, such as the in-cylinder
temperature, became stronger.
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Figure 4.12: Sensitivities of CA50 to intake temperature and SOI for 15% and 21% oxygen intake cases.
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4.3 Parametric Study of the Transition from HCCI
to PPC

Based on the research described in Section 4.1, it is apparent that the mixture
stratification condition is the key to understanding the phenomena involved
in the transition from HCCI to PPC. In this section, a parametric study of
three factors, the EGR ratio (i.e. intake oxygen concentration), fuel property
and combustion chamber geometry, was performed to understand their effects
on mixture stratification conditions.

4.3.1 EGR ratio

In this part, the experiment was conducted under the same engine operating
conditions as shown in Table 4.1 except for two aspects. One is that the EGR
ratio was zero instead of 50% (strictly speaking, there was still a residual gas
fraction of about 1%). The other is that the SOI started from −75° aTDC,
thus, only the Transition and PPC regimes were included. This is because
the mixture stratification performances in the HCCI regime are very stable
and little valuable information can be expected.

The global air-fuel equivalence ratio (λ) changes vastly according to the EGR
ratio at a constant inlet pressure. Figure 4.13 shows the global λ values for
both zero and 50% EGR cases according to SOI. From a 50% to zero EGR
ratio, λ increased from v1.8 to v4.2, and was even higher at late SOIs where
the intake temperatures were drastically reduced to 40 °C, as shown in Figure
4.14.

Figure 4.14 compares how the required intake temperatures changed with
SOI for both zero and 50% EGR cases. As expected, the zero EGR case
generally needed lower intake temperatures than the 50% EGR case. The
spoon shape and three regimes can be discerned for both cases in Figure
4.14. Apart from these similarities, several differences can be observed. First,
in the PPC regime, the ”spoon” was deeper for the zero EGR case since
its temperature declined 80 °C, almost twice the decrease of the 50% EGR
case. Similarly, a trough of required intake temperature in the Transition
regime was also discovered for the zero EGR case (at −63° aTDC) and it was
again deeper than that of the 50% EGR case (at −60° aTDC). These larger
temperature variations in the Transition and PPC regimes of the zero EGR
case meant that the reactivity of the mixtures was more sensitive to changes of
the stratification condition. As discussed previously regarding the sensitivity
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of CA50 to SOI under different intake oxygen concentrations, EGR works
like a cushion in the fuel-air mixing process, and suppresses the reactivity of
mixtures at all equivalence ratios.
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Figure 4.14: Required intake temperature according to SOI for cases with and without EGR.

Figure 4.15 shows the maximum global cylinder temperature in a cycle and
the combustion efficiency according to SOI for both zero and 50% EGR
cases. Regarding the maximum global temperature, that of the zero EGR
case closely followed the trend of intake temperature (shown in Figure 4.14)
and was generally lower than that of the 50% EGR case. In addition, the
combustion efficiency of the zero EGR case had a direct correlation with the
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maximum global temperature and was also lower than that of the 50% EGR
case, particularly in the Transition regime. In that regime, the combustion
efficiency deteriorated for two reasons. One was lower global temperatures
and the other was that more fuel got trapped in the crevices. However, in the
PPC regime, the zero EGR case had lower global temperatures but higher
combustion efficiencies than in the Transition regime. This is because even
though the global temperature was low, local combustion temperatures were
much higher in the PPC regime as a result of the more stratified and reactive
mixtures.

Figure 4.16 exhibits the CO and HC emissions with respect to SOI for both
zero and 50% EGR cases. It was mentioned previously that the zero EGR
case had inferior combustion efficiency at all SOIs, which can be confirmed
by these emission results. Both CO and HC emissions in the zero EGR case
were higher than those of the 50% EGR case. Additionally, the CO emissions
took the most responsibility for the deterioration in combustion efficiency in
the Transition regime. This is due to the maximum global temperature in
that regime dropping below 1500 K, which is the threshold temperature for
adequately oxidizing CO [94].
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Figure 4.15: Maximum global temperature and combustion efficiency according to SOI for cases with and without EGR.

Figure 4.17 presents the NOx and soot emissions with respect to SOI for both
the zero and 50% EGR cases. Both cases yielded very low NOx emissions
in the HCCI and Transition regimes. However, in the PPC regime, they all
had surges of NOx emissions. Although the zero EGR case had lower global
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Figure 4.16: CO and HC emissions according to SOI for cases with and without EGR.

temperatures in this regime, its NOx emissions were substantially higher. This
again proved that there was increased mixture and temperature stratification
in the PPC regime, which was much stronger in the zero EGR case than in
the 50% EGR case. Regarding soot emissions, both cases produced more
in the PPC regime than in other regimes. Unlike those gaseous emissions,
the soot emissions of the zero EGR case were much lower than those of the
50% EGR case because the late cycle soot oxidation process of the zero EGR
case was enhanced again by stronger mixture stratification and higher local
combustion temperature. Additionally, a soot bump in the Transition regime
can be spotted for the no EGR case at −63° aTDC, which coincides with
the temperature trough shown in Figure 4.14. This also implies a strong
correlation between soot emissions and in-cylinder temperatures.

4.3.2 Fuel properties

In this section, the influence of fuel properties on mixture stratification is
discussed. Given the test results of the gasoline fuel in Section 4.1, a PRF
fuel was also tested under the engine operating conditions shown in Table 4.1.
Specifications of the PRF are listed in Table 4.2.

It may be noticed that the PRF had an octane number of 81 instead of 87, the
reason for which needs to be clarified. When it comes to comparing two fuels
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Figure 4.17: NOx and soot emissions according to SOI for cases with and without EGR.

by running an SOI sweep, a reference SOI, where two fuels have the same
intake temperature, is necessary. In the current research, −27° aTDC was
chosen as the reference SOI and several PRFs were tested. It was found that
PRF81 required the same intake temperature as the gasoline. Figure 4.18
presents the cylinder pressure traces and heat release rates of the operating
points of two fuels at −27° aTDC. Given almost the same intake temperatures,
109 °C for PRF and 110 °C for gasoline, the cylinder pressures and HRRs
largely overlapped. The cylinder pressures had a deviation of 1 bar at the
end of compression. The reason could be a combination of two factors. One
was the different compression coefficients (γ) caused by the fuel properties
and the mixture stratification conditions. The other was the slightly different
intake pressures of the two points indicated in the figure.

Figure 4.19 reveals the required intake temperatures according to SOI for both
the PRF and gasoline cases. The three regimes can be easily discerned for both
fuels and the boundaries of the three regimes were identical. This tells us that
the locations of those boundaries were not much affected by the fuel used. In
addition, from Table 4.2, it can be seen that the key difference between PRF
and gasoline in terms of physical properties is a large divergence in vapour
pressure, which was almost six times higher for gasoline than for PRF. After
vapour pressure, the heat of vaporisation may make some difference. With
this knowledge, we can compare the required intake temperatures of two cases
in each regime and explain their differences.
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Figure 4.18: Cylinder pressure and HRR traces for two fuels at the same SOI timing.
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Figure 4.19: Required intake temperatures according to SOI for two fuels.

First, in the HCCI regime, when changing the SOI from −180° aTDC to
−140° aTDC, the PRF case did not exhibit an obvious increase in intake
temperature, while the gasoline case did. This could be attributed to the
low volatility of PRF, as injecting before or after the IVC did not make a
big difference due to its slow vaporisation. Next, in the Transition regime,
the intake temperature variation of the PRF case was larger than that of the
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gasoline case. For this, there is no solid explanation yet, but a deduction
can be made. It was observed that in the Transition regime, the required
intake temperature first dropped and then increased. The drop was due to a
small portion of fuel being injected directly, or being transported by charge
flow, into the combustion chamber. This created a stratified environment
in a small area, which promoted the ignitability of the mixture. Because of
the lower volatility, the PRF-air mixture was expected to be more stratified
than gasoline-air. Thus, the ignitability of the PRF-air mixture was greater
due to its higher stratification. This resulted in a more notable reduction
in intake temperature. On the other hand, the increase in required intake
temperature was due to the shift of the initial ignition location, as mentioned
in Section 4.1. The higher variation of the PRF case was likewise related
to a higher stratification level. Finally, in the PPC regime, the decline in
intake temperature in the PRF case was larger than that of the gasoline case.
One reason was, again, the higher mixture stratification. The other was that
PRF has a lower latent heat, such that the mixture was warmer after fuel
vaporisation and, thus, needed less external heating.

Figure 4.20 shows the relationship between the SOI and CO and HC emissions
for the PRF and gasoline cases. Interestingly, the PRF case generally
produced higher CO but lower HC emissions than the gasoline case throughout
the sweep. This is determined by the different formation mechanisms of the
two emissions. The HC emissions are mostly generated by the crevices and
the cooling effect of the quench layers. Meanwhile, the CO emissions are
predominantly influenced by the local equivalence ratio. Rich mixtures are
usually the source of CO [93, 95, 96]. Due to the lower volatility of PRF, less
fuel was trapped inside the crevices and more rich mixture zones were formed.
Thus, higher CO but lower HC emissions were observed for the PRF case.

Figure 4.21 shows the NOx and soot emissions of the PRF and gasoline
cases with respect to SOI. The NOx emissions of the two fuels were similar
throughout the sweep, except for a small peak in the Transition regime
of the PRF case. That peak of NOx was at −63° aTDC, coinciding with
the occurrence of the required intake temperature trough in the Transition
regime shown in Figure 4.19. This confirms that the PRF-air mixture was
more stratified than the gasoline-air one. As for soot emissions, the PRF
case produced less soot than the gasoline case in both the Transition and
PPC regimes, particularly in the PPC regime. Considering that the two
cases had similar combustion durations, burn rates (data not shown, refer
to [97]) and combustion temperatures (comparable NOx emissions), it can
be concluded that the differences in soot emissions were mostly due to the
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Figure 4.20: CO and HC emissions according to SOI for two fuel types.

different compositions of the fuels, specifically, the higher aromatic content
of gasoline.
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Figure 4.21: NOx and soot emissions according to SOI for the two fuels.

4.3.3 Combustion chamber geometry

There are several motivations for investigating the effects of combustion
chamber geometry. First, it helps to determine whether the three regimes
theory holds for a piston with a different combustion chamber. Then, as

56



discussed in Section 4.2 (the sensitivity study), a different chamber shape
may decrease the sensitivity of combustion phasing to intake temperature
and SOI, providing better controllability for the early PPC regime. Finally,
a geometry study can provide information on how to optimise the combustion
chamber.

In this section, two pistons with different combustion chamber geometries
were tested under the engine running conditions listed in Table 4.1. The fuel
used was the gasoline described in Table 4.2. The first piston had a re-entrant
combustion chamber, as displayed in Figure 4.22a. It had a geometrical
compression ratio (Cr) of 17.3. The other piston had a straight combustion
chamber wall, as displayed in Figure 4.22b, with a Cr of 15.0. Apart for the
Cr and chamber wall, two more differences can be spotted. One is that the
bowl opening of the Cr17.3 piston is slightly larger than that of the Cr15 one.
The other is the presence of a bump on the combustion chamber wall of the
Cr17.3 piston.

(a) Cr17.3 piston.

(b) Cr15.0 piston.

Figure 4.22: Combustion chamber profiles of the two piston types.

Figure 4.23 compares the required intake temperature of the two piston cases.
The Cr17.3 case had its intake temperatures about 50 °C lower than the
Cr15 case due to a higher compression ratio. This gap was quite consistent
throughout the sweep except between −48° and −40° aTDC. Though the
intake temperature values were different for the two cases, the trends were very
similar. Given the knowledge of previous research, three regimes can be easily
defined for both cases, as illustrated in Figure 4.23. A temperature trough
was also observed for the Cr17.3 case in the Transition regime and it was
deeper than that of the Cr15 case. In the PPC regime, several observations
can be made. First and most importantly, the width of the early PPC regime
(from the boundary between the Transition and PPC regimes to the lowest
intake temperature point) was wider for the Cr17.3 case (25 °CA) than for the
Cr15 case (17.5 °CA). A wider PPC regime is preferred since it increases the
controllability of PPC. A narrower Transition regime is also favoured because
engines have inferior efficiency and emissions in that regime. Next, for the
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Cr17.3 case, four operating points between −36° and −22° aTDC had the
same intake temperatures. The two points in-between should have had lower
intake temperatures but this data was not attainable due to experimental
setup limitations. Thus, these two points had CA50s close to TDC instead of
3° aTDC. Finally, an intake temperature surge at −42° aTDC was observed
for the Cr17.3 case. A repeat test was conducted to confirm its existence,
as shown by the blue points in Figure 4.23. Fuel spray target maps at two
SOIs, −42° and −48° aTDC, were produced to understand the formation of
this surge.
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Figure 4.23: Required intake temperatures according to SOI for the two piston cases.

Figure 4.24 shows the mentioned fuel target maps. When injected at −48°
aTDC, the fuel spray hit the piston bowl edge. While at −42° aTDC,
where the temperature surge was located, the fuel spray hit the valley
between the bowl edge and the bump on the combustion chamber wall. It
is believed that the bump on the chamber wall guided the fuel spray and
provided extra momentum to the fuel-air mixing process. This changed the
mixture stratification states before combustion and caused the surge of intake
temperature at −42° aTDC. The surge is not favoured because it brings
additional complexity to engine control in the early PPC regime. Since
formation of the surge is correlated with the bump on the combustion chamber
wall, the next step of research will be removing that bump and running the
test again. With the bump removed, the compression ratio shall be lower,
ideally equal to 15, thus, a better comparison can be made with the Cr15
case. This can be done more easily using simulation tools.
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Figure 4.24: Fuel spray target map of the Cr17.3 case at two SOIs: −42° (left) and −48° aTDC (right).

Figure 4.25 displays the CO and HC emissions of the two piston types with
respect to SOI. The Cr17.3 case produced more CO emissions throughout
the sweep, especially in the Transition and early PPC regimes. The Cr17.3
case had three peaks of CO emissions at −65°, −48° and −36° aTDC, all
coinciding with quickly decreasing intake temperatures, as shown in Figure
4.23. On the other hand, the Cr17.3 case generated equivalent HC emissions
to the Cr15 case in the HCCI and PPC regimes, but lower emissions in the
Transition regime. It is known that HC emissions in the Transition regime
mainly originate from crevices. Thus, the lower HC emissions of the Cr17.3
case can be attributed to a small crevice volume due to a higher compression
ratio.
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Figure 4.25: CO and HC emissions according to SOI for the two piston types.
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Figure 4.26 exhibits the NOx and soot emissions of the two cases according
to SOI. Regarding NOx emissions, both cases increased rapidly in the PPC
regime although the Cr17.3 case produced less. The reason was mainly the
lower intake temperature. As for soot emissions, the Cr17.3 case generated
more than the Cr15 case throughout the sweep. Higher soot in the PPC
regime can be reasonable. However, in the HCCI and Transition regimes, the
Cr17.3 case also had a higher base level of soot, which was hard to understand.
It could be due to systematic errors, such as lubricant oil burning due to
engine wear, changes in fuel properties among different production patches,
or measurement noise from the soot meter, and so on.
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Figure 4.26: NOx and soot emissions according to SOI for the two piston types.

4.4 Efficiency Analysis in the Transition from
HCCI to PPC

Figure 4.27 shows the thermodynamic efficiencies of the operating points in
three regimes for the Cr17.3 case discussed in Section 4.3.3. The dashed
horizontal lines indicate the average efficiencies within the HCCI, Transition
and PPC regimes, which were 46%, 44.6% and 48%, respectively. Operating
points in the PPC regime exhibited substantial advantages. The current
section aims to understand the reasons for this phenomenon.

To investigate the cause of the different efficiencies observed in the three
regimes, the Cr17.3 piston was used and was fueled by the RON87 gasoline
described in Table 4.2. The engine running conditions are exhibited in Table
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Figure 4.27: Thermodynamic efficiency of the Cr17.3 case throughout an SOI sweep.

4.3. For the HCCI and Transition regimes, operating points with SOIs of
−140° and −60° aTDC were selected, respectively, to best represent the
efficiency features of that regime. However, for the PPC regime, the situation
was more complicated. Referring to Figure 4.23, the PPC regime had a wider
coverage than the Transition regime and greater intake temperature variation
than the HCCI regime. Thus, more than one SOI was necessary. Three engine
speeds were tested. The combustion phasing (CA50), common rail pressure,
λ and EGR ratio were fixed while varying the speed. The intake temperatures
of those points in the HCCI and Transition regimes were tuned to keep the
CA50 constant. In the PPC regime, intake temperatures were set to the
lowest achievable values, i.e. between 22 °C and 30 °C. The CA50 was then
controlled by tuning SOI.

Table 4.3: Engine running conditions for the efficiency test.

Unit HCCI Transition PPC
SOI °aTDC -140 -60 varied
Intake temperature °C depends on CA50 v25
Engine speed rpm 900, 1200, 1500
Gross IMEP bar 5
CA50 °aTDC 4.8
Common rail pressure bar 900
λ - 1.65
EGR % 49

Energy balance calculations is implemented in this section using the first law
of thermodynamics. The fuel energy can be divided into gross indicated work
and a series of losses, as shown by Equation 4.5. On the left side is the
fuel energy, which equals the product of the fuel’s mass and lower heating
value. On the right side is the sum of gross indicated work and losses from
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incomplete combustion, exhaust gas, heat dissipation of the EGR route and
heat transfer. Rephrasing the equation using mean effective pressure (MEP),
we get Equation 4.6.

mf · LHVf = Qgross + Qcomb + Qexh + QEGR + QHTr (4.5)

FuelMEP = IMEPgross + Emis.MEP+ Exh.MEP+ EGR.MEP+HTr.MEP (4.6)

In Equation 4.5, the gross indicated work can be calculated from cylinder
pressure data. The combustion loss was decided by the measured gaseous
emissions. On the other hand, the exhaust and EGR losses were calculated
by Equations 4.7 and 4.8, respectively. In those equations, the Cp values were
calculated considering both the gaseous compositions and temperatures using
the JANAF table [98]. The terms: Texh, Tamb, Thot and Tcool indicate the
temperatures of the exhaust, ambient air and EGR before and after cooling,
respectively. In the end, QHTr can be calculated as the residual term according
to Equation 4.5.

Qexh = (ṁair + ṁfuel) ·
Cpexh + Cpamb

2
· (Texh − Tamb) (4.7)

QEGR = ṁEGR ·
Cphot + Cpcool

2
· (Thot − Tcool) (4.8)

Figure 4.28 displays the cylinder pressure and HRR traces of four operating
points from the three regimes. They had the same engine speed of 1200 rpm.
As previously discussed, the points at −140° and −60° aTDC represented
the HCCI and Transition regimes, respectively. Meanwhile, the points at
−37° and −18° aTDC represented the early and late PPC regimes. Some
deviations of cylinder pressure were observed among those four points during
compression. This was due to the changes in intake pressures made to
maintain a constant air/fuel ratio. Explicitly, when injected at −60° aTDC,
more fuel was required (as shown by the injection duration in the figure) to
reach the same engine load; thus, a higher intake pressure was needed to
keep λ constant, resulting in a higher cylinder pressure during compression.
Regarding the HRRs, the point at −60° aTDC had the lowest burn rate while
the one at −18° aTDC showed the highest. The other two points, at −140°
and −37° aTDC, generated very similar HRRs.
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Figure 4.28: Cylinder pressures and HRRs of four operating points in three regimes, at 1200 rpm and 5 bar IMEPg.

Figure 4.29 indicates the gross indicated, combustion and thermodynamic
efficiencies of the operating points in the three regimes at different engine
speeds. According to the definition of efficiencies shown in Figure 3.5, the
gross indicated efficiency is the product of the combustion and thermodynamic
efficiencies. Several observations can be made from Figure 4.29.

First, at 1200 rpm engine speed, the four operating points, ranked by their
gross indicated efficiencies from highest to lowest, were in the sequence of
−37°, −18°, −140° and −60° aTDC. They were in the early PPC, late PPC,
HCCI and Transition regimes, respectively. The same trend was observed
at a 900 rpm engine speed, although the SOI in the late PPC regime was
different. At 1500 rpm, there was only one operating point in the PPC
regime, which also obtained the highest efficiency. Next, the trends in gross
indicated efficiency were largely reflected by those of the combustion and
thermodynamic efficiencies, except that the late PPC points achieved higher
combustion efficiency than the early PPC points due to the higher intake
temperature. Lastly, the variation in efficiency among the different regimes
was the greatest at 1200 rpm. In other words, the efficiency advantages of the
operating points in the PPC regime were the greatest when running at 1200
rpm. There is a possible explanation for this. At 1200 rpm, the SOI in the
early PPC regime was chosen based on the results of former research, thus,
it could be the optimum one to achieve the highest efficiency. In contrast,
the SOIs in the early PPC regime at 900 and 1500 rpm cases were hardly the
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optimum ones. Especially for the 1500 rpm case, only one operating point was
recorded in the PPC regime. It is very possible that the trend of efficiencies
at 1500 rpm was identical to those at other engine speeds, but the optimum
efficiency operating point was unfortunately omitted.
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Figure 4.29: The gross indicated, combustion and thermodynamic efficiencies of operating points at different engine
speeds.

Figure 4.30 shows the fuel energy, combustion loss, heat transfer loss and
exhaust loss at various engine speeds, with all energies expressed in MEP.
The exhaust loss MEP here includes both the energy lost with the exhaust
and dissipated via the EGR route. At each engine speed, the point in the
Transition regime, e.g. SOI at −60° aTDC, needed the most fuel energy input.
Specifically, at 1200 rpm, the early PPC operating point needed roughly 2 bar
less fuel energy input to achieve the same engine load. In this 2 bar saving,
0.3 bar owed to more complete combustion, 2bar was attributed to lower
heat transfer loss, while a contribution of −0.3 bar was obtained from the
higher exhaust and EGR losses. It should be mentioned here that the heat
transfer loss was the residual of the energy balance calculation. Therefore, it
accumulated all errors from the calculation of other losses.

Figures 4.31, 4.32 and 4.33 reveal the normalised energy distribution of the
operating points in different regimes at 900, 1200 and 1500 rpm, respectively.
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Figure 4.30: The fuelMEP, combustion loss MEP, heat transfer loss MEP and exhaust loss MEP (including exhaust and EGR
losses) of operating points at different engine speeds.
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Figure 4.31: Normalised energy balance of operating points at 900 rpm engine speed.

When comparing the energy distributions of the operating points in different
regimes, the 900 and 1200 rpm cases (Figures 4.31 and 4.32 ) infer the same
conclusions. Each engine speed case had four points. From left to right
along the x-axis, they were in the HCCI, Transition, and early and late PPC
regimes, correspondingly. Sorting these regimes by the gross indicated energy
percentages of their relevant operating points, from high to low, they are
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Figure 4.32: Normalised energy balance of operating points at 1200 rpm engine speed.

in the order of early PPC, late PPC, HCCI and Transition. Interestingly,
if sorted by the EGR or exhaust losses, they stayed in the same order.
That is, the higher efficiency point also had more exhaust and EGR losses.
Regarding the combustion loss, the early and late PPC regime points swapped
their rankings because the late PPC points had higher intake temperatures.
Moreover, the combustion loss was weighted as the smallest fraction in the
energy distributions. The biggest difference among these four points was the
size of their heat transfer losses. At 1200 rpm, the point in the early PPC
regime had only 9.2% of total fuel energy lost by heat transfer; while for the
one in the Transition regime, the heat transfer loss reached 25.2%, almost
triple of that of the point in the early PPC regime. As mentioned before, the
heat transfer loss is the residual of the energy balance calculation. Thus, it
not only represents the heat transfer but also a sum of calculation errors and
all other unconsidered factors, e.g. the destruction of fuel availability due to
irreversible processes such as combustion and heat transfer [99] [100].

For the 1500 rpm case, three operating points were produced, one in each
of the three regimes. The point in the PPC regime gained the highest gross
indicated efficiency, which was 3% higher than that of the lowest efficiency
point in the Transition regime. The exhaust losses of three points were at the
same level of 17%. The values of the other losses were also very close.

The 1500 rpm case is different from the other two, due having only one
operating point in the PPC regime. Thus, when comparing the efficiencies
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Figure 4.33: Normalised energy balances of operating points at 1500 rpm engine speed.

of the different engine speeds, direct comparisons are only applicable to the
HCCI and Transition regimes. From 900 to 1500 rpm, the gross indicated
efficiency, EGR and exhaust losses of the points in these two regimes kept
increasing and the heat transfer kept decreasing. The combustion losses did
not change much with engine speed. When comparing the energy distributions
in the PPC regime, from 900 to 1200 rpm, the indicated efficiency, exhaust
and EGR losses also increased and the heat transfer decreased. The PPC
regime operating point at 1500 rpm had lower indicated efficiency than those
at 900 and 1200 rpm. As mentioned earlier that the efficiency of the operating
point in the PPC regime at 1500 rpm can probably be improved with an
optimised SOI.
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CHAPTER5

CONCLUSIONS

The two ultimate goals of engine research are to increase efficiency and reduce
emissions. Conventional diesel combustion engines have good fuel efficiency
and excellent controllability, but their NOx and soot emissions are usually
high. On the other hand, HCCI engines offer high efficiency and low NOx
and soot emissions; however, their controllability is poor, their engine load
range is small, and their HC and CO emissions can be quite high. PPC is a
combustion concept which combines the pros of HCCI and conventional diesel
combustion while avoiding most of their cons.

This thesis first investigated the process of transition from HCCI to PPC,
accompanied by a study of the sensitivity of combustion phasing to SOI
and intake temperature. Then, a parametric study investigating the effects
of several control parameters—EGR ratio, fuel properties and combustion
chamber geometry—on the transition process was performed. Finally, the
efficiency characteristics of the transition process were explored. All research
was carried out by running experiments on a heavy-duty diesel engine using
a single injection strategy. Some of the operating points were reproduced
using simulation tools. A deeper insight was obtained by combining the
experimental and numerical research results. Under the conditions of the
current research, the following conclusions can be made.

Figure 5.1 gives a conceptual plot of how the required intake temperature
varied according to SOI timing during the transition from HCCI to PPC.
During the SOI sweep, the intake temperature was adjusted to keep the
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combustion phasing (CA50) constant. All other control parameters and
engine running conditions were unchanged. The plot of the required intake
temperature data was spoon-shaped. This phenomenon is believed to be
universal in compression ignition engines which have a combustion chamber
engraved in the piston. Moreover, the SOI sweep range can be divided into
three regimes: the HCCI regime, Transition regime and PPC regime. In
Figure 5.1, seven critical operating points are denoted by the symbols P0
through P6. The symbols H1 to H4 indicate fluctuations in required intake
temperature within certain SOI ranges. Symbols W1 to W3 represent the
widths of the SOI ranges they covered. The meaning of each term is given
below.
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Figure 5.1: A conceptual plot of required intake temperature with respect to SOI for compression ignition engines.

P0 is the starting point of the SOI sweep, which has a SOI earlier than the IVC
timing. The required intake temperature at P0 is determined by many factors,
which can be classified into three categories. The first category includes those
factors that affect the after compression in-cylinder temperature and pressure;
for example, compression ratio and intake pressure. The second category
consists of factors that affect the fuel-air mixing process; for example, the swirl
ratio, injector and piston geometry design and common rail pressure, etc. The
last category is the fuel properties, including the auto-ignition quality (RON),
volatility, latent heat and so on.

The SOI of P1 is at the IVC timing. From P0 to P1, the required intake
temperature increases slightly, because when the injection is made before IVC,
the intake charge is less cooled down since there is still some heat exchange
between the charges in and out of the intake port. The temperature difference
between P0 and P1, represented by H1, is affected by the fuel properties, e.g.
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how fast it vaporises (volatility), how much heat it absorbs (latent heat) and
engine design parameters such as the swirl ratio and the distance between
the intake port and fuel spray. Between P1 and P2, the required intake
temperature is constant because the fuel-air mixture conditions do not change
with SOI. The region from P0 to P2 is the HCCI regime.

From P2 to P3, the required intake temperature drops due to the formation
of some stratified mixtures inside the combustion chamber. This is due to
a small part of the fuel spray being either injected directly or transported
by charge flow into the piston bowl. Then, from P3 to P4, the required
intake temperature increases. Based on observations from optical research,
this is caused by relocation of the initial auto-ignition point. Meanwhile,
the link from the auto-ignition point relocation to the increase in required
intake temperature is not yet clear. Therefore, this question is open to more
possibilities. H2 and H3 are supposed to be affected by many factors. In
this thesis, the EGR ratio, fuel properties and piston geometry all showed
certain influences. The values of H2 and H3 tend to be larger when less EGR
is introduced or a less volatile fuel is used. The relationship between piston
geometry and the values of H2 and H3 cannot be quantified based on the
limited observations made in this thesis. Between P2 and P4, the fuel spray
interacts with the crevices, piston top-land and piston bowl edge. At P2,
the fuel spray starts hitting the piston top-land, and from P4, much of the
fuel spray is injected into the bowl directly. This region between P2 and
P4 is defined as the Transition regime. Within this regime, part of the fuel
spray always hits the crevices and becomes trapped inside, which ultimately
becomes HC emissions. Therefore, the combustion efficiencies are always low
when operating within the Transition regime. The width of this regime, W1,
is mainly decided by the geometry of the combustion chamber and the injector
spray angle.

From P4 to P5, the required intake temperature drops drastically, driven by
increased fuel-air mixture stratification. The height of H4 is believed to be
affected by many factors. Among the factors investigated in this thesis,it was
found that using a higher EGR ratio or more volatile fuel usually results in
a smaller H4, which is similar to the observations for H2 and H3. According
to the sensitivity study, the controllability of PPC in this range is highly
influenced by the steepness of the intake temperature slope. Increasing its
width, W2, is an effective way to increase the engine’s controllability. This
thesis has shown that W2 can be increased by optimising the piston bowl
geometry. At P5, the effect of increased mixture reactivity (resulting from it
being more stratified) balances with the need for long ignition delay due to the
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high anti-ignitability of the fuel. Therefore, from P5 to P6, the required intake
temperature keeps increasing as the available mixing time becomes shorter.
At P6, the combustion process is very close to that of conventional diesel
combustion. The combustion process between P4 and P6 is characterised by
a stratified fuel-air mixture; thus, that region is defined as the PPC regime.

The thermal efficiencies of the operating points in the PPC regime were
observed to be much higher than those in the other two regimes. The energy
distributions of several operating points selected from the three regimes were
calculated and compared at a constant load of 5 bar gross IMEP and three
different engine speeds. Results revealed that the higher thermal efficiency
points also had more exhaust and EGR losses. The differences in the thermal
efficiencies of points in different regimes mostly originated from a large
variation in heat transfer losses. For the point in the early PPC regime,
the heat transfer loss can be as low as 9.2%, while that of the point in the
Transition regime reached 25.2%. In addition, as engine speed increased,
the thermal efficiencies of the operating points in the HCCI and Transition
regimes kept increasing. The efficiency advantages of the operating points
in the PPC regime relative to those in the other two regimes were more
pronounced at an engine speed of 1200 rpm. This is probably because the
operating point in the early PPC regime at 1200 rpm had a well-chosen SOI.
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CHAPTER6

SUGGESTED FUTURE WORK

According to the research conducted for this thesis, the following directions
for future work are suggested.

Piston geometry improvement. The effects of combustion chamber
geometry on the transition process were investigated in this thesis and
provided intriguing results. Furthermore, information about how to adapt
combustion chamber geometry for optimal PPC operation was gained. Thus,
experimental or numerical research into new combustion chamber designs is
worthy of pursuit.

Transition process under different engine loads. All the experiments in
this thesis were conducted within a low engine load range. It is of particular
interest to investigate the transition process under different engine loads,
especially higher ones.
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