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Abstract 
Current combustion engines provide excellent performance for vehicle propulsion and power 
generation. However, recent demands from society ask for higher efficiencies and lower 
emissions. These requirements are hard to meet with current technology and call for new 
solutions. 
 
Homogeneous Charge Compression Ignition, HCCI, offers a potential to combine high efficiency 
with very low emissions. It operates with high compression ratio and without throttling, thus 
avoiding some sources of efficiency penalties of the spark ignited engine. Due to the usage of 
compression ignition, premixed and very lean, or diluted, mixtures can be used. Highly diluted 
mixtures keep the combustion temperature low and minimize production of Oxides of Nitrogen, 
NOX. On the other hand, the diluted operation causes lower power density as well as higher 
emissions of Unburned Hydrocarbons, HC. The HC can be oxidized in a catalyst, but lower the 
combustion efficiency and thus also the brake thermal efficiency. Compression ignition of a 
premixed charge is also very challenging from a controls perspective: there is no direct means of 
controlling the onset of combustion. 
 
The results presented in this thesis are mainly based on experiments. These are performed on two 
different truck size Diesel engines and one passenger-car size engine, converted to HCCI. For the 
diesel engines the displacement volume is between 1.5 and 2 l/cylinder and the speed ranges from 
1000 to 2000 rpm. Double fuel systems are used, providing one fuel that is easy to ignite and one 
fuel more reluctant to auto ignition. By adjusting the ratio between the two fuels, the onset of 
combustion is controlled. The fuels used are n-heptane, isooctane, ethanol, gasoline, natural gas 
and hydrogen; in all cases port injected. For the passenger-car size engine the displacement is 
only 0.3 l/cylinder and the tested speed range is 1000 to 5000 rpm. This engine uses fully blended 
gasoline RON92 and is controlled either by its variable compression ratio or by the mixing valves 
for heated and cool air. 
 
The thesis discusses operating domain, efficiency, emissions and control of HCCI engines. The 
HCCI process is compared to the existing processes for Spark Ignited, SI, engines and Direct 
Injected Compression Ignition, DICI, engines. It is shown that the HCCI process is somewhat 
closer to the ideal Otto cycle, compared to the other processes. The influences on efficiency of 
heat losses, friction, boost, compression ratio and combustion are discussed in comparison to SI 
and DICI engines. Emissions of NOX, HC and CO are also discussed. Different methods for 
characterizing and controlling the HCCI combustion are outlined and demonstrated. 
 
The fundamental aspects of controlling the HCCI combustion are outlined and discussed. The 
real-time requirements are reviewed with respect to a controller implementation in a PC. Process 
characteristics are identified and compared for different operating points. Qualitative 
characterization as well as state of the art System Identification are applied. Two strategies of 
controller design are discussed and compared. Both the manually tuned PID controller and the 
more systematic method of LQG controller design are shown to give acceptable controller 
performance. 



 iv

Acknowledgement 
The work in this thesis has been conducted at the division of Combustion Engines at the Lund 
Institute of Technology. This division is successfully managed by professor Gunnar Lundholm 
who makes sure that money is available and that everyone is happy. My supervisor, professor 
Bengt Johansson, who also knows how to spend money, has been of very good help and keeps us 
all working at, at least, 100%. Bengt has a very high knowledge about everything that has 
anything to do with engines and thanks to him we sometimes produce interesting results rather 
than random junk. 
 
Without the very skillful technicians of the division, the engines would probably still be waiting 
outside the test cells. They throw the engines in and out of the test cells and make the most 
marvelous piping to satisfy my ideas about air and EGR systems. If it was only up to the 
emissions instrumentation and me, NOX emissions would be zero, but those technicians even 
know how to get that stuff working. In the electronics laboratory people make magic with 
electronics. Small boxes are put together that connect to the PC or the engine and then for some 
reason the injectors start to inject fuel when you ask them to. Krister Olsson keeps all the PCs 
running, even though they do not want to. Windows fights back very hard, but Krister always 
win the battles at the end! According to research by Einewall [65], there is nothing to do about 
bad luck, however the personnel at our division are quite successful in the fight against Murphy, 
it is not clear whether or not witchcraft is used. 
 
Per Tunestål is a man of some magic as well. Together we have spent days and nights trying to 
get computer programs communicating with devices of all kinds. We have had the control room 
loaded with oscilloscopes, signal generators and voltmeters trying to figure out why things will 
not work. After a week or two, normally things do work, very much thanks to Per. 
 
My former colleague, now known as Dr Anders Hultqvist, and I have thrown ideas to each other 
and discussed EGR systems and operating strategies for days. He has also been my contact at 
Scania, making it possible to find turbochargers and secrets about the Scania engine. It has been a 
pleasure to share the office with Anders, even if we sometimes have had more of creativity than 
productivity. Göran Haraldsson and Jari Hyvönen have been my roommates for the last couple of 
years. Apart from their habit of stealing all the technicians, they are OK. Jari is very professional 
and Göran is very practical, in other words they make a perfect complement to me... 
 
During the last year I have also had the pleasure to cooperate with professor Rolf Johansson in 
some control work. Rolf is a man of great wisdom and he actually seems to understand things 
like matrix algebra and Fourier transforms. I try to pretend that I do too, but my success is more 
limited. I think Roland Pfeiffer, who will take over where I finish, is better talented for doing 
difficult things. 
 
Finally, the most important person in my life; Maria. While I have been trying to work in Lund 
she has been all around the world doing a post doc in Seattle and microscoping in Heidelberg and 
Gothenburg. It is not easy being away from each other that much, but mentally Maria has been 
close to me all the time Thank you Maria, for supporting me and lighting up my days! 



 v
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ABDC After Bottom Dead Center 
ARC Active-Radical Combustion 
ATAC Active Thermo-Atmosphere Combustion 
ATDC After Top Dead Centre 
A/D-converter Analog to digital converter 
ARX Autoregressive External Input 
BBDC Before Bottom Dead Centre 
BTDC Before Top Dead Centre 
BMEP Brake Mean Effective Pressure 
BS Brake Specific 
CA50 Crank angle of 50% burnt 
CAD Crank Angle Degrees 
CAI Controlled Auto Ignition 
CH4 Methane 
CI Compression Ignition 
CR Compression Ratio 
cp Specific heat at constant pressure 
cv Specific heat at constant volume 
DI Direct Injected 
DICI Direct Injected Compression Ignition 
E Expectation value 
EGR Exhaust Gas Recirculation 
EVC Exhaust Valve Closure 
EVO Exhaust Valve Opening 
FID Flame Ionization Detector 
FIFO First In First Out 
FMEP Friction Mean Effective Pressure 
FuelMEP Fuel Mean Effective Pressure 
GDI Gasoline Direct Injection 
HC Hydrocarbons (unburned) 
HCN Hydrogen cyanide 
HCCI Homogeneous Charge Compression Ignition 
HCSI Homogeneous Charge Spark Ignition (same as normal SI) 
IC Internal Combustion 
IMEP Indicated Mean Effective Pressure 
IMEPg Gross IMEP 
IMEPn Net IMEP 
IVC Inlet Valve Closure 
IVO Inlet Valve Opening 
LPF Low (frequency) Pass Filter 
LQG Linear Quadratic Gaussian Control 
m Mass 
MFC Mass Flow Controller 
MIMO Multiple Input, Multiple Output 
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MK Modulated Kinetics 
MULDIC MULti Direct Injection Combustion 
n Engine Speed 
NOX Oxides of Nitrogen (sum of NO and NO2) 
O Octane number 
p Pressure (often instant cylinder pressure) 
PC Personal Computer 
PCI Peripheral Component Interconnect (bus on PC) 
PCP Peak Cylinder Pressure 
PM Particulate Matter 
PID Controller Controller with Proportional, Integral and Derivative gains 
PMEP Pumping Mean Effective Pressure 
PREDIC Premixed Early Direct Injection Combustion 
PRBS Pseudo Random Binary Sequence 
PWM Pulse Width Modulated 
Q Heat 
QMEP Accumulated heat release Mean Effective Pressure 
R The universal gas constant (=8314 J/K/kmole) 
RAM Random Access Memory 
S Sensitivity (d(CA50)/dO) 
SCCI Stratified Charge Compression Ignition (same as DICI) 
SCSI Stratified Charge Spark Ignition (same as GDI) 
SI Spark Ignited 
SISO Single Input, Single Output 
SVC Saab Variable Compression (engine) 
T Temperature 
TDC Top Dead Centre 
V Volume (often instant cylinder volume) 
γ The ratio of specific heats, cp/cv 

η Efficiency (often thermal efficiency) 
κ Polytropic exponent in the relation pVκ=constant 
λ Air/fuel ratio, relative to stoichiometric air/fuel ratio 
θ Angle (often crank angle) 
τ Time 
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Introduction 
For most people the experience of combustion engines comes from driving an automobile. At the 
beginning of the previous century, the development of engines and the development of 
automobiles very much went hand in hand and soon the great promises of the automobile were 
revealed: It could carry people or load wherever a decent road was present. It made the man 
independent of the endurance of horses, the timetables of the trains and locations of railways or 
channels. 
 
But the engine was more than a power supply for automobiles: it took part in the industrial 
revolution. Together with the steam engine, the combustion engine provided power for boats, 
farming tractors and a growing industry. The lives of the people in the western world were 
changing, and the change was powered by oil and coal. 
 
Today we can look back at this revolution and see that the process was not only positive: The 
new technologies made farming a less work-intensive task and freed resources for industry; but 
people had to move and were often unemployed. The economies grew; but workers suffered from 
unhealthy work environment and low pay. Steam and combustion engines provided power 
without the need for waterfalls; but the sky turned dark from dust and smoke. 
 
Gradually these problems have been solved; we still have unemployment, but people in the 
western world do not starve, work environment normally keeps very high standards today and 
smog is less of a problem than it was 20 years ago. But we still have big environmental issues 
and the traffic and the combustion engine are big parts of those problems. 
 
Some cities still suffer from photochemical smog, caused primarily by unburned hydrocarbons, 
HC, and emissions of oxides of nitrogen, NOX, from combustion engines. Emissions of 
Particulate Matter, PM, also cause cancer and the concentrations in areas with dense traffic of 
heavy-duty vehicles are definitely unhealthy. NOX emissions contribute to acid rain and over-
fertilization of forests, lakes and seas. It can also form ground level ozone, which is toxic, since it 
is very reactive, and also disturbs photosynthesis. HC come as a wide range of organic species. 
Most of them contribute to photochemical smog and many of them are poisonous in different 
ways. Carbon monoxide, CO, is very dangerous in high concentrations, and can lead to 
immediate death in areas where ventilation is poor, such as garages or tunnels. Carbon dioxide, 
CO2, which is a normal combustion product is generally not toxic, unless concentrations are very 
high. But CO2 is believed to be the main contributor to the global warming effect. The amount of 
CO2 produced from an engine is directly proportional to the fuel consumption and the C/H-ratio 
of the fuel. 
 
It is not only what comes out of the engine that could be a problem, but also what enters. The vast 
majority of engines operating today use fossil fuel. Most engines use oil derivatives and some 
natural gas. It is also possible to produce gaseous or liquid fuel, suited for an internal combustion 
engine, from coal. But however the fuel is produced, as long as it originates from oil, natural gas 
or coal, it is using finite resources. 
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It is obvious that the future power sources will need to meet very high demands on both exhaust 
emissions and fuel consumption. It started a hundred years ago, but the hunt for a perfect engine 
is far from over. 
 
Homogeneous Charge Compression Ignition, HCCI, is a hybrid of the two well-known Spark 
Ignition, SI, and Compression Ignition, CI, engine concepts, and might be a step closer to the 
engine of the future. As in an SI engine, a homogeneous fuel-air mixture is created in the inlet 
system. During the compression stroke the temperature of the mixture increases and reaches the 
point of auto ignition−i.e., the mixture burns without the help of any ignition system−just as in a 
CI engine. The first studies of this phenomenon in engines were performed on 2-stroke engines 
[1, 2, 3, 4, 5, 6]. The primary purpose of using HCCI combustion in 2-stroke engines is to reduce 
the HC emissions at part load operation. Later studies on 4-stroke engines have shown that it is 
possible to achieve high efficiencies and low NOX emissions by using a high compression ratio 
and lean mixtures [8]. In the 4-stroke case, a number of experiments have been performed where 
the HCCI combustion in itself is studied. This has mostly been done with single cylinder engines, 
which normally do not provide realistic brake values. However, Stockinger et al. [8] 
demonstrated brake efficiency of 35% on a 4-cylinder 1.6 liter engine at 5 bar Brake Mean 
Effective Pressure, BMEP. Later studies, by the author, have shown brake thermal efficiencies 
above 40% at 6 bar BMEP [9] in a truck size engine. 
 
Since the homogeneous mixture auto ignites, combustion starts more or less simultaneously in 
the entire cylinder. To limit the rate of combustion under these conditions, the mixture must be 
highly diluted. The most common solution is the use of excess air. Externally recycled exhaust 
(EGR) or controlling the amount of internal residual gas, are other effective ways to produce a 
diluted mixture. Without sufficient mixture dilution, problems associated with extremely rapid 
combustion and knocking-like phenomena will occur, as well as excessive NOX production. On 
the other hand, an overly lean mixture will result in incomplete combustion or even misfire, 
causing high HC emissions. 
 
By avoiding throttling of intake air and using high compression ratio, HCCI achieves high 
efficiency. The highly diluted mixture keeps the temperature low during combustion and prevents 
NOX formation.  

Engine and test setup 
For the experiments three different engines are used: a multi cylinder Scania D12, a single 
cylinder Volvo TD100 and a five-cylinder Saab SVC engine. All are modified for HCCI 
operation. In this chapter the three engines will be described, but also the supporting analysis 
systems and the data acquisition systems. 

The Scania D12 engine 
The engine is a modified Scania DSC12, 12-liter, six-cylinder, turbo-charged Diesel engine, 
mainly used for truck applications. The original system for Diesel injection is removed and 
replaced by a low-pressure, sequential system for port injection. The engine has four-valve 
cylinder heads and therefore two inlet ports per cylinder. The injection system can supply two 
fuels to each cylinder, one in each port. In this way the amount of each fuel can be individually 
adjusted for each cylinder from a controlling computer. Until the summer of 2003 the fuel system 
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accepted liquid fuels only, but thereafter it uses one gaseous and one liquid fuel. The inlet 
manifold is extended to supply space for the injectors. A picture of the intake manifold and the 
extension is shown in Figure 1. 
 

 
Figure 1 Cylinder heads and the extended intake of the Scania D12 engine. 

 
The principal engine setup is similar for all experiments; but the air management system is 
somewhat varied throughout time. Figure 2 shows a schematic drawing of the most complex 
engine setup. For the experiments of Paper 1, [9], where the baseline of the engine is established; 
only the heaters are used, the engine has the standard turbo charger for diesel operation, i.e., it is 
basically naturally aspirated and the control is manual, through a computer (open loop). For the 
experiments of Paper 2, [10], where the closed loop control system is developed, both charge-air 
cooler and heaters are used, but all air goes first through the cooler and then through the heaters. 
For the first turbo-charged experiments, Paper 3, [11], the turbo charger is exchanged to one with 
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a much smaller turbine and only the charge-air cooler is used, because of leakage problems of the 
heaters at high boost. For the EGR studies of Paper 5, [13], both the temperature valve and EGR 
valve are added as well as the water separator after the compressor. The geometric properties of 
the engine are given in Table 1. 
 
The intake heaters are electrical, with 37 kW total capacity, and are adjustable in steps of less 
than 200W. The intercooler is the standard air-to-air intercooler for a truck application until 2003, 
but in this case it is placed in a water bath, since the cooling fan is disassembled and the test cell 
would get very hot if all heat was transferred to the air surrounding the engine. From beginning 
of 2003 the intercooler is a stainless steel water/air heat exchanger.
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Figure 2 The Scania D12 engine setup, showed with 
both intercooler and heaters assembled. 

 
Table 1 Geometric properties of the engine. Valve 
timings refer to 0.15 mm lift plus lash. 

Swept Volume 11 705 cm3 
Compression Ratio 18:1 
Bore 127 mm 

Stroke 154 mm 
Connection Rod 255 mm 
Exhaust Valve Open 82° BBDC 

Exhaust Valve Close 38° ATDC 
Inlet Valve Open 39° BTDC 
Inlet Valve Close 63° ABDC 

In the initial experiments, the standard turbo charger with an effective turbine flow area of 25cm2, 
designed for Diesel operation, is used. This turbocharger is too big for HCCI operation and the 
engine operates as naturally aspirated. For the turbo charged experiments a smaller turbine is 
used, Holset ZA13JC8, flow area 13 cm2. 

The Volvo TD100 engine 
This engine, Figure 3, has been used in a number of studies by other researchers in Lund, e.g [19, 
37]. In the setup for the work by the author, a piston with interchangeable flat steel crowns is 
used to allow different compression ratios, 21:1, 20:1 17:1 and 15:1, to be tested, see Figure 4. 
The ring package is located below the interchangeable crown, and thus top land volume increases 
with compression ratio. The fuel system supplies natural gas, see Table 2 for composition, 
through a Pulse Width Modulated (PWM) valve and hydrogen through a Mass Flow Controller 
(MFC). The injection of the natural gas starts at gas exchange TDC and finishes before inlet 
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valve closing. Both fuels are mixed with the air just upstream of the inlet port. The geometric 
properties of the engine are given in Table 3.
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Figure 3 The Volvo TD100 engine system as used by 
the author. 

 

 
Figure 4 The piston with the piston crowns providing 
compression ratios from 21:1 to 15:1 

 
Table 2 The natural gas composition 

Natural Gas 
Constituents

% Volume 

CH4 87.58 
C2H6 6.54 
C3H8 3.12 
C4H10 1.04 
C5H12 0.17 
C6H14 0.02 
CO2 0.31 
N2 1.22 

 
Table 3 Geometric properties of the engine. Valve 
timings refer to 1 mm lift. 

Displacement 1 600 cm3 
Compression Ratio 15/17/20/21 :1 
Bore 120.65 mm 
Stroke 140 mm 
Connecting Rod 260 mm 
Exhaust Valve Open 39° BBDC 
Exhaust Valve Close 10° BTDC 
Intake Valve Open 5° ATDC 
Intake Valve Close 13° ABDC 

An electrical inlet air pre-heater of 7.5 kW is used to control inlet air temperature. Air can be 
supplied either at atmospheric pressure from the test cell, or compressed from an external 
compressor. In both cases the inlet system, outside the port, is somewhat unrealistic for a real 
engine, consisting of a long pipe. When the engine is boosted the exhaust is throttled to achieve a 
backpressure simulating a realistic turbo charger. Backpressure is adjusted to correspond to a 
turbo-charger efficiency of around 55%. In this way the Pumping Mean Effective Pressure 
(PMEP) is representative and net indicated values can be used for comparison with other engines. 
However, it should be noted that the breathing characteristics of this engine could be somewhat 
offset due to the inlet and exhaust geometry. 

The Saab Variable Compression Ratio Engine 
The engine used is a five-cylinder 1.6-liter Saab Variable Compression (SVC) prototype engine 
[45]. This engine is the basis for a downsized highly boosted SI engine concept. The VCR 
mechanism of the engine can be seen in Figure 5 and its specifications are given in Table 4. The 
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SVC engine has a port fuel injection system for a single fuel. The fuel used in the experiments is 
US regular, Road Octane Number 87, RON 92. 
The geometric CR can be varied continuously between 9:1 and 21:1 by tilting the upper part of 
the engine up to approximately four degrees by rotating an eccentric shaft.  
Table 4 Geometric specifications of the engine. 

Displacement  1598 cm3 (320 cm3/cyl) 
Number of cylinders 5 
Compression Ratio Adjustable 9–21:1 
Bore x Stroke 68mm x 88mm 
Exhaust valve open  45°BBDC at 0.15mm lift 
Exhaust valve close 7°ATDC at 0.15mm lift 
Inlet valve open 7°BTDC at 0.15mm lift 
Inlet valve close 34°ABDC at 0.15mm lift 
Combustion chamber Pent roof/four valves DOHC 

Variable compression ratio system 
Compression ratio is changed by tilting the upper part of the engine block, the monohead. The 
principal function is illustrated in Figure 6. A hydraulic motor, controlled by an electronic valve, 
turns the eccentric shaft. The variable compression ratio can be used to control combustion 
phasing by increasing the compression ratio and hence the charge temperature after compression. 
With a higher charge temperature the charge auto ignites easier and hence earlier in terms of 
crank angles. Haraldsson et al used this strategy for controlling HCCI [46]. For the results 
presented in this thesis the variable compression ratio is not used as the primary control variable. 

Temperature Control 
For the results presented here the intake temperature is, implicitly, the control variable. Charge 
air temperature is controlled by mixing a stream of heated air with a stream of cool air. This 
method is capable of changing the temperature faster than it can be measured; therefore the 
control system actually uses the mixing-valve position as the control parameter. 

Engine instrumentation 
All the engines are similarly instrumented, and this section describes the general setups. The 
major difference is that the Volvo TD100 is a single-cylinder engine, based on a six-cylinder 
engine, and thus brake data are not representative. The emissions measurement system for the 
TD100 is somewhat more detailed; it distinguishes between methane hydrocarbons and non-
methane hydrocarbons and it has two CO meters with different ranges. 
 
The most important piece of instrumentation is the water-cooled piezoelectric cylinder pressure 
sensor, Kistler 7061B. One sensor per cylinder is used. The piezoelectric sensor is linear over a 
wide range and provides very rapid response, the cut-off frequency is around 45 kHz [44]. The 
drawback of the sensor is the unknown DC offset; when analyzing the pressure data the DC 
offset has to be determined for each cycle. The sensor is connected to a charge amplifier that 
converts the charge signal from the sensor to a voltage output which can be read by an A/D 
converter. 
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Low Compression RatioHigh Compression Ratio
( 21:1 ) ( 9:1 )

 
Figure 5 Saab Variable Compression (SVC) engine [45]. 

 

 
Figure 6 The variable compression ratio mechanism of the SVC engine. 

 
The intake is instrumented with thermocouples before and after the heaters and a pressure sensor 
for intake pressure. The exhaust is instrumented in a similar way with a thermocouple in each 
exhaust port and a pressure sensor for exhaust backpressure. 
 
The emissions measurement system measures the wet concentrations of HC, NO and NOX and 
the dry concentrations of O2, CO and CO2. HC is measured by a Flame Ionization Detector, FID, 
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which is fairly insensitive to what kind of hydrocarbons it detects. However, for ethanol the 
response factor is lower, which affects the results when the engine is operated on this fuel. No 
compensation is made for this. 
 
Most of the temperatures and pressures outside of the cylinder are sampled by a low-speed data 
acquisition system, operating at a speed around 0.3 Hz. This system uses a highly accurate, 20 bit 
resolution logger which is controlled from a separate computer. 
 
The in-cylinder pressure, the intake pressure and the intake temperatures are sampled by a high-
speed data acquisition system, used for closed-loop control. On the multi-cylinder engine, the 
cylinder pressure is sampled by an eight channel external A/D converter, IOtech Wavebook 516, 
connected to the parallel port of the controlling PC. This A/D converter is a 16 bit multiplexed 
system with differential amplifiers on each channel and simultaneous sample and hold.  
 
The intake state is sampled by a National Instruments PCI 6052E multi-function card. This card 
is connected to the PCI bus of the controlling PC. The A/D converter is a 16-channel single-
ended or 8-channel differential multiplexed system. On the single-cylinder engine this card is 
used for the cylinder pressure as well. The cylinder pressure is then connected to the first channel 
in the scanning sequence, to avoid time lag from clock pulse to A/D conversion. When operated 
in differential mode this A/D converter multiplexes the negative reference of the A/D converter 
chip to the low input channel. 
 
Both A/D converters use external, digital trig pulse and clock pulses. These are supplied from a 
crank-angle encoder and a cam-phase encoder. The clock pulses, 5 pulses per crank-angle degree, 
are taken directly from the encoder, while the TDC pulse is masked with the cam phase encoder 
to create a trig pulse at gas exchange TDC of cylinder one. 

Fuel injection and heater actuation 
Two types of fuel control systems are used. On the multi cylinder engine only PWM port fuel 
injectors are used, but on the single cylinder engine a Mass Flow Controller (MFC) is used as 
well. The PWM injectors have their own controller box, equipped with one micro controller for 
each injector. The controller box communicates with the controlling PC via the parallel port. The 
communication consists of commands for turning injectors on and off, setting the angle for start 
of injection and setting the opening duration individually for each injector. 
 
The start of injection is defined as a number of CAD encoder pulses from the gas exchange TDC 
for that cylinder. The opening duration is defined as the number of 10 µs periods to keep the 
injector open. The system has a few limitations: It is not possible to have the injector open over 
the gas-exchange TDC: the injector controller will then miss the trig pulse and only inject every 
other cycle. The injector controller can only communicate just when it has finished injection. 
This requires the PC to utilize an interrupt to see when the controller is ready. The delay from the 
PC, sometimes significant, combined with the limited time available for communication at high 
load and high speed, sometimes causes the injector to miss injections because it is caught up in 
communication. This problem sometimes becomes severe during turbocharged operation, as is 
seen in Figure 7 [11]. The communication problem is solved from Paper 5, [13], by rewiring and 
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reprogramming the micro controllers so that communication can take place at any time and never 
interfere with the injection. 
 
In Figure 7 can be seen that even when the injection system misses a cycle the combustion still 
produces work. This is due to the pool of fuel in the intake and also to the fact that two fuels are 
injected and only one of the injector misses it’s injection event. 
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Figure 7 Net IMEP versus cycle number. 

The MFC that controls the hydrogen flow is controlled by an analog output from the PCI 6052E 
multi-function card. The analog voltage from the card is converted to a 4 – 20 mA current signal 
in a separate signal-conditioning box. The MFC is very accurate and gives, almost exactly, the 
flow the controlling PC asks for. However, since it is built as a closed-loop only controller, 
relying on a not very fast sensor, the response is slow, in the order of seconds. When using the 
MFC to supply hydrogen the bandwidth of the closed loop controller is limited by the response 
time of the MFC. 
 
The heaters are controlled by a PWM relay, using the zero crossing of the main grid to turn 
power on and off. In this way the high power heaters can be controlled without causing noise that 
disturbs other instrumentation. The drawback is that the resolution is limited by the 50 Hz grid 
frequency and the cycle time. Using a high cycle time, several seconds, gives good resolution 
(many zero crossings during one cycle) but the intake temperature will start to cycle due to too 
low thermal inertia. This causes the combustion timing to cycle as well, which cannot be 
accepted. Using a low cycle time ≤ 1 s, avoids the problem of cycling combustion phase, but 
lowers the resolution. A cycle time of about 1 s is selected as the best trade off. The PWM relay 
takes an analog input, 0 – 10 V, from the PCI 6052E card as an input. 
 
For the multi cylinder engine, with three heaters, 10 kW, 10 kW and 17 kW, only one of the 10 
kW heaters is connected to the PWM relay. The heaters are then managed so that when a heating 
power of less than 10 kW is needed, only the PWM controlled heater is used. When heating need 
exceeds 10 kW, the other 10 kW heater is turned on with full power and the power from the 
PWM controlled heater is lowered. Above 20 kW the 17 kW heater is used instead of the 10 kW 
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one and above 27 kW all heaters are used. In this way heating power resolution is maximized, 
avoiding a long cycle time. 

Definitions 
Here the equations and definitions of the most important variables and parameters are shown. All 
variables are given in SI units, except for engine speed, n, which is given in rpm. The equations 
are valid for four stroke engines. Eq. 1 defines the relative air-fuel ratio, λ. In the equation FUELm& , 
[kg/s], is the mass flow of fuel and AIRm& , [kg/s], is the mass flow of air to the engine. The indexes 
ACTUAL and STOICH refers to the actually measured condition and the stoichiometric condition 
respectively. 
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m
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≡

&

&
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λ  (Eq. 1) 

Normalized fuel consumption, FuelMEP, [Pa], is defined in Eq. 2. The equation allows several 
fuels. QLHV,FUEL, [J/kg], refers to the lower heating value of the fuel FUEL, n, [rpm], is engine 
speed and VDISP, [m3], is the displacement volume of the engine. 

∑ ⋅
⋅

≡

•

AllFuels DISP

FUELLHVFUEL

Vn
Qm

FuelMEP
120/

,  (Eq. 2) 

 
QMEP, defined by Eq. 3, introduces a similar normalization of the total accumulated heat release 
per cycle per cylinder. Here QHR, [J], is the accumulated heat release. 

DISP

HR

V
QQMEP ≡  (Eq. 3) 

 
Indicated Mean Effective Pressure (IMEP), gross (IMEPg) and net (IMEPn) are defined in Eq. 4 
and Eq. 5 respectively. Here, net refers to full cycle and gross refers to compression/expansion 
only. In the equation p, [Pa], is the in cylinder pressure and dV, [m3], is the change of cylinder 
volume. 

∫ ⋅=
Cycle Closed

1 dVp
V

IMEPg
DISP

 (Eq. 4) 

∫ ⋅=
Cycle Complete

1 dVp
V

IMEPn
DISP

 (Eq. 5) 

The difference between net and gross IMEP, PMEP, [Pa], represents normalized pumping losses 
and is defined by Eq. 6. 

IMEPnIMEPgPMEP −=  (Eq. 6) 
 
Normalized torque, or engine work per cycle, is defined by BMEP, Eq. 7. T, [Nm], is brake 
torque. 

DISPV
TBMEP π4=  (Eq. 7) 
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Friction Mean Effective Pressure (FMEP), [Pa], quantifies the mechanical losses and is defined 
in Eq. 8. 

BMEPIMEPnFMEP −≡  (Eq. 8) 
 
Since all relevant quantities are defined on the MEP scale, they can be used to define the 
efficiencies. Brake thermal efficiency is the overall conversion ratio from fuel heat to mechanical 
power, Eq. 9. 

HVf
BRAKE Qm

P
FuelMEP

BMEP
&

=≡η  (Eq. 9) 

Combustion efficiency is the ratio between accumulated heat release and the heat supplied by the 
fuel system and is defined by Eq. 10. However, in practice the total heat released in the cylinder 
is hard to measure accurately and combustion efficiency is calculated from the exhaust 
composition instead. 

( ) ( )
HVf

APAR
COMB Qm

THTH
FuelMEP

QMEP −
=≡η  (Eq. 10) 

The thermodynamic efficiency, Eq. 11, reflects how the released heat is converted to pressure-
volume work on the piston for the closed part of the cycle. 

QMEP
IMEPg

THERM ≡η  (Eq. 11) 

Gas exchange efficiency, defined in Eq. 12, is the ratio between the indicated work during the 
complete cycle and the closed part of the cycle. 

IMEPg
PMEPIMEPg

IMEPg
IMEPn

GE
−=≡η  (Eq. 12) 

The mechanical efficiency, is the ratio between mechanical work and total indicated work, Eq. 
13. 

IMEPn
FMEPIMEPn

IMEPn
BMEP

MECH
−=≡η  (Eq. 13) 

The brake thermal efficiency can be calculated as the product of the other efficiencies according 
to Eq. 14. 

COMBTHERMGEMECHBRAKE ηηηηη ⋅⋅⋅=  (Eq. 14) 
 
In Eq. 9 and Eq. 10 above, the efficiencies are also expressed in “conventional” terms. 
Nomenclature and expressions are from Heywood [34]. This is to show that the definitions do not 
deviate from the normal ones. 

Uncertainty of Measurements 
When performing measurements and analyzing them to extract values of interesting variables, 
errors will be introduced, resulting in uncertainty of the actual value. The order of magnitude of 
the uncertainty should be known to allow a reasonable judgment of the validity of the 
conclusions drawn from an experiment. In some cases a sensor is directly measuring the variable 
of interest, for example the temperature after the compressor. In these cases the uncertainty is 
“only” the chain from the actual gas temperature, the sensor temperature, the temperature to 
signal calibration of the sensor, the cables and the A/D converter. In other cases the value of the 



 12

variable is estimated from several sensors, estimations and models. For example the accumulated 
heat release requires not only the cylinder pressure sensor, but also intake temperature and 
pressure, charge composition, a volume trace synchronized to the measured pressure trace, 
assumptions of gas properties and spatial distributions and models of heat losses and blow by. 
Obviously there are many possible sources of error and the sensor accuracy is in many cases only 
a very small part of the uncertainty. 
 
Estimating the size of unknowns is difficult by definition: if it was easy it would be a known 
effect compensated for. To limit the extent of this chapter the uncertainty is only estimated for the 
most important variables. It should also be remembered that in many cases trends are analyzed 
rather than the absolute value of the variables. In these cases many of the errors are the same and 
therefore cancel out and allows sound conclusions based on variations smaller than the 
uncertainty. However, it is important to keep in mind the risk of systematic changes in an error 
source that may make the error vary in a way that is mistaken for a trend. 

Method 
For each variable of interest the main error sources are identified by combining common sense 
and system knowledge. If a source cannot be easily removed as unimportant, it is included in the 
calculation. For a general variable Y, calculated from measured and estimated parameters, Xi, the 
calculation of the variable can be generally written as in Eq. 15. 

( )nXXXfY ,..., 21=  (Eq. 15) 
If each of the parameters are unknown to an extent of ∆Xi the uncertainty of the variable, ∆Y, can 
be estimated by Eq. 16. This equation is valid if the function is linear and the errors are 
uncorrelated and normally distributed. 

∑ 







∆⋅

∂
∂=∆

2

i
i

X
X
fY  (Eq. 16) 

Since each part is squared before the summation, it is mostly the largest error sources that will 
affect the final error estimate. The result is presented as ± (∆Y unit + δY%), where ∆Y refers to 
the part that is always there, unit being the unit of the variable itself, regardless of the value of the 
variable and δY refers to the relative error that grows with the value of the variable. For some 
variables the uncertainty contains only one of these two parts. 
 
For sensors with tight specifications and for certified laboratories doing calibrations it is 
important to know exactly what is meant by the number of the uncertainty, or in these cases often 
the accuracy. Sometimes the accuracy refers to ±1 standard deviation, sometimes to ±3 standard 
deviations and sometimes it refers to a square distribution and the specified accuracy is supposed 
to cover all variation. 
 
Such accurate specification of the uncertainty requires a lot of statistical analysis and a lot of 
experience from very controlled measurements. It is more or less impossible to do for an engine 
test set up that is rebuild and used in different ways between each investigation. The intention 
here is only to get an estimate of the order of magnitude of the uncertainty of the different 
variables. It is best interpreted as ± ‘something in the range of one standard deviation’. 
The detailed test setup has varied through time and between engines and experiments. Here the 
most recent setup for the Scania D12 engine is investigated. 
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BMEP 
Reflecting the output requested by the user, this is one of the most important variables from an 
experiment on a multi cylinder engine and it is calculated from Eq. 7. Displacement volume and 
torque are needed for the calculation. 
 
The displacement volume of the Scania is 11.7 liters and very accurately known, but the torque is 
measured using a strain gage load cell with external amplifier and a second order low pass filter 
before the A/D conversion. The dynamometer is mounted on its shaft in ball bearings and a 
torque rod prevents the dynamometer from rotating. The force in the torque rod is measured by 
the load cell and corresponds to the torque supplied by the engine minus what is lost in the ball 
bearings. The system is calibrated on site putting weights on a torque lever when the engine is not 
running and the dynamometer is disconnected from the mains supply. The following error 
sources are identified: 
 
The length of the lever for applying weights during the calibration is measured to 1025 mm using 
a tape measure. It is found that the zero value changes from time to time, it is not known if this 
error originates from the load cell, the amplifier or the electrical wires to the motor. 
Unfortunately the zero offset changes too fast to allow compensation by zeroing the measurement 
at the start of an experiment. The bearing friction is estimated from the calibration, but varies. 
Finally some hysteresis is found as well. Table 5 summarizes and quantifies these sources of 
errors. 
 
The weights used for calibration are probably not perfect, but there is no reason to expect a 
systematic error in their weight and since many weights are used, this error should be negligible. 
The load cell and amplifier have very good specifications. The accuracy of the load cell is 
specified to better than ± 0.05% of its full scale of 5 kN. The combined error of the amplifier, 
including temperature sensitivity and linearity, may reach ± 0.05% of full scale. The gain of the 
amplifier is adjusted to set full scale to 2000 Nm. 
Table 5 Summary of error sources for the measurement of BMEP. 

Source Source uncertainty BMEP 
uncertainty 

Lever length ± 3 mm ± 0.3 % of value 
Zero drift ± 7 Nm ± 7.5 kPa 
Bearing 
friction 

± 2.5 Nm ± 2.7 kPa 

Hysteresis ± 2.5 Nm ± 2.7 kPa 
Load Cell ± 0.05 % of F.S. ± 1.3 kPa 
Amplifier ± 0.05 % of F.S. ± 1 kPa 
 
The resulting uncertainty of BMEP is ± (0.1 bar + 0.3%) and this error is dominated by the zero 
drift. 
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FuelMEP 
Fuel consumption is another very important variable. FuelMEP is normalized fuel flow according 
to Eq. 2. Fuel flows, heating values of the fuels, displacement volume and engine speed make up 
the equation. 
 
As commented above displacement volume is accurately known and does not contribute 
significantly to the error. Engine speed is measured in two ways: For the fast sampling engine 
management system by measuring the time between each reference pulse indicating gas exchange 
TDC of cylinder one. The slow sampling system measures the frequency of the pulse train from 
the crank angle encoder. Both these two measurements are extremely accurate and the two 
systems always agree within fractions of rpm. Therefore the speed measurement itself is left 
outside the analysis. 
 
Mass flow of fuel is measured in two different ways depending on whether the fuel is in liquid or 
gaseous form. The flow of liquid fuel is measured by a continuously sampled laboratory balance. 
The fuel canister is filled before the measurement starts and the fuel flow is calculated as the 
negative slope of the balance readings versus time. The balance itself has very high accuracy: on 
the same order as the resolution of 0.1 g. However, the balance is not designed for measuring a 
changing weight, and thus the readings could be expected to be somewhat noisy. The noise is 
assumed to be white, and the standard deviation is measured to be about 0.1 g. The measured 
noise is assumed to include the effects of the resolution. A typical measurement lasts for 1 minute 
and the sample rate of the balance is 2.5 Hz. According to Eq. 17 this gives an uncertainty of: ± 
20 mg/s. In the equation σ is the standard deviation if the noise, fSAMPLE is the sampling frequency 
and m is the number of samples acquired for an estimate of the fuel flow. 

2/3

2
m

f
m SAMPLE

NOISE
⋅⋅

=∆
σ

&  (Eq. 17) 

 
In the old system, used until 2002, the balance and the can was placed open in the test cell and 
the fuel pipes also put some weight on the balance. By putting the system in a closed locker and 
mounting the fuel pipes to the locker, the readings from the balance became much more stable. 
The assessment of accuracy is only made for the new system. 
 
Another source of error is the changing mass of fuel in the fuel system between the balance and 
the engine. Approximately 0.8 kg of fuel is needed to fill up the pipes and fuel rail. When 
pressure and temperature of the fuel changes, the mass in this system could potentially change 
and distort the measurements. However, all measurements are made in steady state, so pressure 
changes should be negligible. Temperature may change about 2°C during a measurement since 
the fuel cannot always be in thermal equilibrium with the test cell. The density change due to 
temperature can be estimated to cause a change in trapped mass of about 1.8 g over a one-minute 
measurement. 
 
The absolute accuracy of the balance does not affect the flow measurement, but the linearity does 
contribute to the error since the mass versus time is used to calculate the slope. Linearity is 
specified to ± 0.1 g for the Sartorius BP 8100. This results in a possible flow error of 2.4 mg/s 
according to Eq. 18, α is the linearity of the balance and t is the time of the measurement. 
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The lower heating value for the non-blended fuels−e.g., n-heptane, isooctane and ethanol−are 
known to very high accuracy. For blended gasoline the fuel used in the lab is not specifically 
tested for its heating value. According to the regulations the value is allowed to vary between 
43.6 and 44.1 MJ/kg, using the mean of 43.85 the error should always be less than ± 0.25 MJ/kg. 
For liquid fuels the error sources are listed in Table 6. The values in the table are calculated for 
1000 rpm and for the non-proportional part the uncertainty is one over engine speed. 
Table 6 A summary of error sources of FuelMEP for liquid fuels. 

Source Source uncertainty FuelMEP 
uncertainty 

Noise from 
balance 

± 0.1 g ± 5.5 kPa 

Balance 
linearity 

± 2.4 mg/s ± 1.1 kPa 

Density effects ± 1.8 g ± 14 kPa 
Heating Value ± 0.25 MJ/kg (blended 

fuels) 
± 5.7 % 

 
For non-blended fuels the effect of fuel density dominates and the uncertainty is ± 0.15 bar. For 
gasoline the uncertainty of the heating value dominates the error already at FuelMEP of 3 bar and 
is ± 6 %. Note that when comparing measurements with the same fuel, the heating value is not 
important. 
 
Gaseous fuels are measured using a thermal mass flow meter, Bronkhorst F-106AI. The basic 
principle of this sensor is that it measures the flow of heat capacity. They are typically calibrated 
by the supplier using nitrogen at atmospheric pressure and a temperature around 20°C. In 
principle they can then be used for any gas after a correction for the specific heat of that gas 
compared to the specific heat of nitrogen. However, to get specified accuracy the calibration 
should be corrected by using a special program from the supplier−e.g., Fluidat . This program 
compensates for both gas composition, temperature and pressure conditions. If the calibration is 
recalculated using the program and the flow meter is used in a proper way the performance 
should be according to its specified accuracy−i.e., ±1% of full scale. The range of the natural gas 
flow meter for the Scania D12 engine is 25 g/s. 
 
For natural gas however, the exact composition is not known. It varies over time and only the last 
month average composition at Nybro, one of three production plants, is available from Dong, the 
supplier of natural gas to southern Sweden. Since the flow is multiplied with the heating value 
and the variation of flow-meter gain is probably not uncorrelated with the variation in heating 
value a Monte Carlo simulation is used to asses the possible error. The simulation is based on the 
variations measured at Nybro and doubled to account for the other production plants. 
 
The signal from the mass flow meter, Smf, is proportional to mass flow times specific heat 
according to Eq. 19: 
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Pmf cmS ⋅∝ &  (Eq. 19) 
The part of FuelMEP that regards the flow measurement and gas composition can then be 
summarized as in Eq. 20: 

LHV
P

mf
LHV Q

c
S

QmFuelMEP ⋅=⋅∝ &  (Eq. 20) 

The ratio between heating value and specific heat reveals the uncertainty induced by the 
variations in gas quality. The simulation quantifies this value to 21.3 ±0.1−i.e. a relative 
uncertainty in FuelMEP of ± 0.5%. 
 
The flow meter is located in the test cell and unfortunately the temperature variations will lower 
the accuracy of the flow measurement. According to the specifications the temperature sensitivity 
of the zero reference is 0.05% of full scale /°C and the sensitivity of the span is 0.05% of reading 
/°C. Measurements of the temperature in the test shows that the temperature often exceeds the 
calibration temperature of the sensor, 20°C, by 15 °C. This results in an uncertainty of ± 0.75% 
of full scale plus ± 0.75% of the actual flow. 
 
Also for the gaseous fuels a volume of fuel is situated between the flow meter and the engine. 
This volume is estimated to 6.5 dm3, and for a pressure of 4.7 bar abs and a temperature of about 
30°C, this corresponds to a mass of 22.6 g. There is no pumping and recirculation of the gaseous 
fuels, and the expected temperature variations during a measurement are thus smaller. 
Measurements show a typical temperature variation of ±0.35°C and a pressure variation of ± 0.01 
bar during a one minute test, measured at the engine. Assuming this temperature and pressure 
variation is active on the full volume between flow meter and engine, this effect would add an 
uncertainty of ± 1 mg/s. 
 
The error sources are summarized in Table 7. Note that the values for FuelMEP uncertainty are 
given at 1000 rpm. For the non-proportional part error is proportional to one over speed, i.e., at 
2000 rpm the uncertainties given in pressure are only half of that stated in the table. 
Table 7 A summary of the error sources of FuelMEP for natural gas. 

Source Source uncertainty FuelMEP 
uncertainty 

Sensor 
accuracy 

± 1 % of full scale ± 1.15 bar 

Gas 
composition 

Not easily expressed ± 0.5 % 

Temperature 
sensitivty 

± 0.75% of full scale 
± 0.75 % of reading 

± 87 kPa 
± 0.75 % 

Density effects ± 1 mg/s ± 14 kPa 
The dominating error source is here the measurement accuracy of the flow meter, resulting in an 
uncertainty of ± (1.5 bar + 1%). One way to improve that is to get the meter recalibrated for the 
smallest possible range. Currently the flow meter allows 60 bar FuelMEP at 2000 rpm, analogous 
to around 20 bar BMEP. Once the peak load of the engine is established, the sensor could be 
recalibrated. Another possibility would be to enclose the flow meter in a volume where 
temperature could be controlled. 
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Most of the error originates from the linearity of the sensor and the temperature sensitivity. It is 
possible to compare different measurements with higher accuracy if they are done at the same 
engine speed in a sweep performed within a short time frame. 

Brake thermal efficiency 
Brake thermal efficiency is simply BMEP over FuelMEP as in Eq. 9. The uncertainty will depend 
on the load, the fuel and also engine speed. To give a complete picture the uncertainty is 
estimated for two loads at two speeds and the three different ranges of fuels: 1) Non-blended 
liquid fuels dominating, 2) Gasoline as the main fuel 3) Natural gas as the main fuel. Table 8 lists 
the numbers for these situations. Note that the uncertainty is given in percent of efficiency and 
not points. 
Table 8 Uncertainty of brake thermal efficiency for different fuels and loads. 

BMEP/FuelMEP/Speed Non-Blended Liquid Gasoline Natural Gas 
5 bar/15 bar/1000 rpm ± 2.2 % ± 6.3 % ± 11.2 % 
5 bar/15 bar/2000 rpm ± 2.1 % ± 6.3 % ± 6.3 % 
10 bar/30 bar/1000 rpm ± 1.1 % ± 6.1 % ± 6.1 % 
10 bar/30 bar/2000 rpm ± 1.0 % ± 6.1 % ± 3.6 % 
 
The accuracy of the uncertainty assessment is not really good for more than one digit, but to 
allow the reader to make a fair comparison of the dependencies, two digits are supplied in the 
table. 

Brake specific emissions and air-fuel ratio 
The analysis of the different brake specific emissions and the air-fuel ratio is all done together 
and it therefore makes sense to handle the error analysis of these variables together as well. The 
measured variables that go into the calculation are BMEP, FuelMEP of the two fuels, the 
measured wet concentrations of NO, NOX, and HC and the measured dry concentrations of O2, 
CO and CO2. The uncertainties of BMEP and FuelMEP are discussed above, but the emissions 
instrumentation will be analyzed in this section. 
 
Hydrocarbon concentration is measured by a Flame Ionization Detector (FID) from J.U.M. 
Engineering, HFID109A. According to the specifications linearity is within ± 1% and range 
change consistency is better than 0.5%. The FID is both calibrated and used in the range of 0 to 
10000 ppm so the range change consistency is not important. 
 
One important aspect of using a FID is its tendency to underestimate the concentrations of 
oxygenated hydrocarbons. Some of the HC emissions will probably always be oxygenated, but 
when ethanol is used as the main fuel, oxygenated hydrocarbons can be expected to be a large, if 
not the largest, content of the HC in the exhaust. According to the manufacturer this should result 
in a maximum underestimation of 1.2%. 
 
The accuracy of the instrument itself is high, typical HC concentration is somewhat below 2000 
ppm and taking the linearity and the effect of oxygenated hydrocarbons, the uncertainty would be 
around 100 ppm. However, the background level is actually of the same order of magnitude and 



 18

the influence from this is very hard to predict. The piping and pumps between the engine and the 
FID analyzer have the ability to adsorb some HC on their surfaces. Depending on the partial 
pressure of the different hydrocarbons and the temperature, there will be an equilibrium 
concentration on the surfaces. It will take very long for the actual concentration to reach this 
equilibrium and this will affect the measured value. Since the HC concentration does not change 
very much between operating points and the engine is always run for at least 30 minutes before 
acquiring the first data point, the effect is assumed to be much less than 100 ppm. 
 
The NOX analyzer is an ECO Physics CLD 200 LEV ht, a Chemiluminescence Detector (CLD). 
This instrument is set up to measure the NOX content of the non-dried gas. In this way there is no 
risk of loosing parts of the NO2 in the water separation (NO2 can go in solution into water). 
Nevertheless, the water content disturbs the measurement and is the largest error source for the 
NOX measurement. Because water content is high at low lambda, the case of λ=2 and a NOX 
concentration of 15 ppm, measured in the range of 0 to 50 ppm is used for calculating the 
uncertainty. According to the specifications of the instrument the errors sum up to ± 2 ppm in this 
case. Because water interference dominates the error, change of range only has a small impact on 
the uncertainty. 
 
Oxygen concentration is measured in dried gas, using a paramagnetic cell, OXOR-P from 
Maihak. Linearity and sensitivity for ambient temperature are the most important error sources 
for this instrument. For the same case of λ=2, there is about 10% of oxygen in the exhaust and 
the measurement uncertainty is ± 0.4% O2. 
 
CO and CO2 are both measured by Nondispersive Infrared (NDIR) gas analyzers, type UNOR 
from Maihak. These are based on the absorption of infrared light in a certain wavelength range. 
By using a filter that is transparent to the proper wavelength, the instrument can be made 
sensitive to the gas it is supposed to measure. The dried gas should contain very low fractions of 
water and HC and therefore the interference from other gases should be very small. The 
specifications of the instrument do not mention interference as a source of measurement error. 
 
For CO, that is assumed to have a concentration of about 500 ppm, the uncertainty is about ± 25 
ppm. This is completely dominated by the linearity of the instrument. 
 
CO2 will have a concentration of about 5% at λ=2, again the linearity dominates the uncertainty 
that is estimated to ± 0.2%. 
 
To make a complete emission analysis water and hydrogen content in the exhaust need to be 
estimated. Water is supposed to originate from hydrogen in the fuel only. Humidity in the air is 
not included resulting in a systematic underestimation of exhaust water content. Assuming an 
outdoor temperature of 20°C and relative humidity of 80% the water content of the air is 1.9%. 
The combustion increases the number of moles slightly but basically the water content in the 
exhaust may be underestimated by 2 points, i.e., if it is estimated to 10% the real concentration 
may be up to 12%. 
 
Hydrogen content is estimated using an equilibrium assumption according to Eq. 21 [34]: 
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The value of K is set to 3.5, but there is really no evidence that the equation, or the value of 3.5, 
is valid for HCCI. To get an estimate of the uncertainty introduced by this assumption the K 
value is assumed to be unknown within 50% and 200% of the value 3.5. However, no support for 
this range is available. 
 
As mentioned in the beginning of this section the emissions analysis is made using several 
measured variables and the calculation is divided into several steps. It is therefore not an easy 
task to analytically calculate the derivative of each of these variables. Instead a different approach 
is used; for the λ=2 case the Matlab  subroutine that performs the analysis is called for nominal 
values and for the positive and negative deviations one at a time. The result is presented in table 
Table 9. The complete algorithm for this analysis is found in Appendix A. 
 
Table 9 Summary of emissions related error sources and their effects on brake specific emissions and λ. 

Error Source Estimated 
Uncertainty 

Effect on variable of interest 

  BS HC BS NOX BS CO λ 
FID (HC) ± 100 ppm ± 0.35 g/kWh ± 0.3 mg/kWh ± 5.5 mg/kWh ± 0.004 
CLD (NOX) ± 2 ppm ± 25 µg ± 0.02 g/kWh ± 10 µg/kWh ± 10-5 
OXOR-P (O2) ± 0.4 % ± 0.12 g/kWh ± 2.6 mg/kWh ± 47 mg/kWh ± 0.035 
NDIR (CO) ± 25 ppm ± 1.8 mg/kWh ± 39 µg/kWh ± 0.14 g/kWh ± 5.5•10-4 
NDIR (CO2) ± 0.2 % ± 0.11 g/kWh ± 2.4 mg/kWh ± 53 mg/kWh ± 0.032 
K 1.75 - 7 ± 3.1 mg/kWh ± 66 µg/kWh ± 0.55 mg/kWh ± 0.0011 
BMEP ± 0.1 bar ± 7.0 mg/kWh ± 1.5 mg/kWh ± 28 mg/kWh - 

 
For the brake specific emissions, quite naturally, the measurement of that particular emission is 
the most critical. The uncertainties for these are: For HC ± 0.35 g/kWh, NOX ±0.02 g/kWh and 
CO ± 0.14 g/kWh. For the calculation of λ, both O2 and CO2 are equally important and the errors 
sum to ± 0.05. The calculation of the hydrogen concentration is not very critical for any of the 
variables. 

Indicated Variables 
Net IMEP, gross IMEP and PMEP are all calculated by an integration of the cylinder pressure 
times a change in volume. The heat release is a somewhat more complicated calculation but 
consists of an integration of a function of cylinder pressure cylinder volume. Quite a few error 
sources can be identified for the cylinder pressure and the area is very complex. The scope of this 
assessment is limited to the two IMEPs, PMEP and the CA50 as it is calculated by the engine 
management system. 
 



 20

A very good overview of error sources during cylinder pressure measurements is given by 
Kuratle and Märki [52]. This reference is recommended to extend the presentation given here to 
different situations. According to Kuratle and Märki, error due to thermal stresses should not be 
an issue for the water-cooled pressure sensors used on our bigger engines. Short cables are used 
between pressure sensors and charge amplifiers; therefore cable capacitance should not introduce 
errors. 
 
Since all of these variables involve pressure and volume that are supposed to originate from the 
same instant, the crank angle phasing of the pressure trace is very important. In theory the crank 
angle encoder is mounted so that the data acquisition system achieves the trigger signal exactly at 
TDC. However, that is in reality not possible. The problem is to know exactly when the piston is 
at TDC and the measurement should be done on a running engine to provide an accurate result. 
There are different methods to extract the exact position of TDC from the pressure data, but they 
very much depend on the compression ratio to be well known or the pressure signal to be of very 
high quality.  
 
On the Scania D12 engine a Kistler TDC Sensor System type 2629 has been used to determine 
the position of TDC. The instrument consists of a capacitive sensor that measures the capacitance 
between the sensor tip and the piston. As the piston moves closer to the sensor, the capacitance 
increases and thus also the signal from the sensor. The signal from the capacitive sensor is very 
weak and in order to achieve acceptable signal to noise ratio, the amplifier is mounted directly 
onto the sensor. The sensor and the amplifier make a single assembly. The signal from the 
amplifier is a voltage of 4 V/pF. A 10 m cable connects the amplifier/sensor unit to the power 
supply. The power supply has a BNC connector for hooking up the voltage output to the data 
acquisition system. 
 
The voltage signal from the sensor replaces the pressure signal for the same cylinder. In that way 
the signal is measured in exactly the same way, using the same hardware and software for data 
acquisition. This guarantees that the signal from the TDC sensor is perfectly synchronized with 
the pressure signal normally measured for that cylinder. 
 
By fitting a second order polynomial to the signal from the TDC sensor a very accurate 
assessment of the TDC position can be made. It takes some time to do this measurement on a six-
cylinder engine and the crank angle encoder sometimes has to be replaced. Therefore a method of 
finding the TDC again, without the TDC sensor is useful. One approach is of course to only redo 
the measurement for one of the cylinders, since the angles between cylinders are known from the 
first measurement. However, it was found that the so called ‘thermodynamic loss angle’ did not 
vary significantly between cylinders and should be a reliable indicator. The thermodynamic loss 
angle is the angle between peak pressure and TDC, at 1000 rpm and an inlet temperature of 80°C 
this angle was determined to 0.60 – 0.65 CAD. Using this method the TDC position is known 
well within ± 0.1 CAD. Note that the engine must be fully warmed up and motored for several 
minutes for this measurement to be accurate. 
 
For CA50 the error is of the same magnitude as the error in TDC angle. For IMEP the error is 
about 9 %/CAD, according to Christensen [53]. Because of the low pressure-variation during the 
gas-exchange period, PMEP is not really affected by the crank angle error. 
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Another problem is the zero referencing of the pressure trace. The pressure transducer is of 
piezoelectric type and thus the current signal from the sensor is proportional to the pressure 
derivative. The charge amplifier integrates this current and amplifies the integral to a voltage 
proportional to pressure but with the offset unknown. Basically two methods for zero referencing 
are available. One method is based on assuming a value for the polytropic exponent and use 
regression to fit the pressure trace to the compression part of the cycle [54]. This method is used 
for the online data analysis in the engine management system. Another method is to use the 
measured inlet manifold pressure, assume a pressure difference over the intake valve and select 
the zero offset that places the pressure trace on the estimated in cylinder pressure during intake. 
This method is used for offline cylinder pressure analysis. The zero referencing does not affect 
IMEP or PMEP. 
 
Not only is there an uncertainty of the reference of the pressure trace, the reference also varies 
from cycle to cycle due to charge leakage. It can be assumed that most of the leakage occurs 
during the high pressure part of the cycle. The extent of this can be estimated by measuring the 
cycle-to-cycle variation of the reference pressure. Doing this for different operating points 
indicate that the problem is worse at high load, the standard deviation of the reference pressure is 
about 0.1 bar. the worst case assumption is that all of this happens at TDC, giving an error of the 
same value on all of net IMEP, gross IMEP and PMEP. For cycle individual readings of these 
values the uncertainty from charge leakage is ± 0.1 bar. If an average from 100 cycles is used the 
error is reduced by a factor of 10−i.e., to ± 0.01 bar. 
 
To assess the uncertainty of the referencing method based on polytropic compression, intake 
pressure is used as reference. From a few simulations performed in GT-Power (not done by the 
author), it is found that the measured intake manifold pressure should be about 0.05 bar higher 
than the average cylinder pressure during the induction stroke. By comparing measured intake 
pressure and induction cylinder pressure for some different operating points, the uncertainty of 
the referencing method can be estimated. It is found that the error is within ± 15% of intake 
pressure. This method of estimating the uncertainty is not very accurate in itself and the tolerance 
given is therefore probably overestimated. Simulation of different reference pressures indicates 
an uncertainty of CA50 of about ± 0.25 CAD as a result of the 15% possible error in reference 
pressure. 
 
The overall system gain from cylinder pressure to A/D-counts is very important for the indicated 
MEPs, but does not affect CA50 very much. The error in IMEP is basically the same as the error 
in system gain [52]. Both charge amplifiers and the A/D-converter can be expected to introduce 
small errors compared to the sensor. According to the specification for the Kistler 7061B the 
linearity is better than ± 0.5% of full scale. To accommodate for some aging of the sensor 
between calibrations the sensitivity uncertainty is estimated to ± 1% of full scale. Unfortunately 
Kistler does not specify aging for their sensors, but probably it depends on what the sensor is 
exposed to in terms of thermal load and peak pressures. HCCI research might not present the best 
environment for a cylinder pressure sensor...The error sources for the indicated variables are 
summarized in Table 10. 
 
Summing the possible errors for the different indicated variables results in uncertainty of ± 1.5 % 
for net and gross IMEP and ± (10 mbar + 1%) for PMEP if an average of 100 cycles is used. For 
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CA50 the uncertainty is ± 0.3 CAD. As a bonus the uncertainty of FMEP can be estimated from 
this. For low loads the uncertainty of BMEP dominates and for higher loads IMEP is the main 
factor. The uncertainty of FMEP can be estimated to ±(0.1 bar + 1.5 % of IMEP). Expressed in 
fraction of FMEP the uncertainty starts at about 10% at low loads and increase to about 30% at 
20 bar IMEP. Estimating FMEP as a function of load is a typical example of were one has to be 
very careful about what conclusions are drawn. 
 
Table 10 Summary of error source for indicated variables. 

Error Source net IMEP gross IMEP PMEP CA50 
TDC angle ± 0.1 CAD ± 0.9 % ± 0.9 % - ± 0.1 CAD 

Pressure 
reference 

± 15 % - - - ± 0.25 CAD 

Charge 
leakage 

± 0.1 bar ± 0.01* bar ± 0.01* bar ± 0.01* bar - 

System Gain ± 1 % ± 1 % ± 1 % ± 1 % - 

* Refers to an average of 100 cycles, for cycle individual measurements the value is ± 0.1 bar. 

Characteristics of SI and DICI concepts 
Today most of the internal combustion engines are based on one of two concepts: the SI engine, 
sometimes referred to as the Otto engine, and the DICI Diesel engine. Both of these engine types 
exist as two stroke and four stroke engines. 
 
Really small engines, often with the need for high power density and low cost are predominantly 
two stroke SI engines. They are simple and robust, contain few moving parts and they are very 
well suited to meet the high requirements of power density and low cost. They are found, for 
example, in remotely controlled model vehicles and hand held equipment like chain saws. 
Unfortunately they are often very noisy due to the speed, around 20,000 rpm, and they always 
have very low thermal efficiency and produce vast amounts of HC, since they use fuel for 
internal cooling. 
 
The engines in the size range from lawn mowers to passenger cars and small trucks are mainly 
four stroke SI engines. The speed range of these engines normally ends at around, or below, 
10,000 rpm. Regarding fuel economy and emissions of HC, the low cost end of these engines is 
almost as bad as the small two-stroke engines. For road vehicles, fuel cost is more important and, 
together with regulations, this has forced the manufacturers to improve these engines. They 
normally do not use extensive amounts of fuel for internal cooling, as the small engines do, and 
they are often equipped with exhaust-gas after-treatment equipment. The most successful of the 
after-treatment methods is the three-way catalyst. When the engine is properly operated, the 
three-way catalyst manages to almost completely oxidize CO and HC to H2O and CO2, at the 
same time as NOX is reduced to N2 and O2. However, these engines mainly operate at part load 
and due to the throttling the thermal efficiency is poor at this condition. 
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The next size range of engines, from small pick up trucks and heavy duty engines to marine 
engines and engines for power generation with bore sizes up to about 400 mm, are dominated by 
the four stroke direct injected, DI, Diesel engine. These engines typically operate at speeds up to 
or below 2000 rpm and thermal efficiency sometimes reaches 50%, a lot better than the engines 
mentioned above. Diesel engines do not have a throttle and the efficiency is quite high even at 
low load. However, this engine emits high amounts of particulate matter and NOX and the three-
way catalyst cannot be utilized to reduce NOX from a Diesel engine.  
 
The largest combustion engines, mainly found in large ships, with bore sizes up to about 1000 
mm, are typically two stroke Diesel engines. These engines mainly operate at full load far out at 
sea. They have very high thermal efficiency, close to 55% [18], but today they are not covered by 
any regulations. Therefore they use the cheapest available fuel, which is heavy oil with high 
contents of sulphur, and the engines are operated without any concern about NOX emissions. As a 
result the emissions of HC, CO and CO2 are very low, but the engines produce vast amounts of 
sulphur dioxide, SO2, and NOX. However, this is a result of the selected fuel and how they are 
operated. The engines themselves have pretty much the same characteristics as the four stroke 
Diesel engines. 
 
The size ranges for the different engine types mentioned above are very approximate and there 
are lots of exceptions: Some companies have started to produce small light weight four stroke 
engines to reduce emissions and noise from chain saws, grass trimmers and similar equipment. 
The Diesel engine has become an attractive choice for high mileage passenger cars, due to the 
lower fuel consumption, compared to the SI engine. In areas with very strict emissions 
regulations, natural gas SI engines are used in heavy-duty trucks, and these engines are also 
commonly used for power generation, where the engine can be very large. 
 
It is important to understand the different demands in different applications. Some applications 
are very sensitive to initial cost, others require very high power density and others need low fuel 
cost. It is not realistic that a single combustion concept would ever meet the requirements of all 
different types of applications. When discussing HCCI and comparing it to other concepts, it is 
important to bear in mind which application is considered. 

Combustion in Various Engine Concepts 

Initiation and progress of combustion 
In a homogeneously charged SI (HCSI) engine, the mixture of air and fuel is prepared in the 
intake. Ignition is initiated by a spark plug that heats up the charge between the electrodes and 
starts the combustion locally. The flame then propagates from the spark plug out towards the 
walls of the combustion chamber. For this propagation to be fast enough, the fuel/air mixture has 
to be close to stoichiometric. This is the reason why the air is throttled when the load is 
decreased: if only fuel flow were lowered, the charge would be too diluted for the flame to 
propagate fast enough at low loads. In the SI engine, the timing of the spark controls the onset of 
combustion. The combustion duration on the other hand, is governed by the speed of the flame 
propagation. The speed of flame propagation is very much controlled by the in cylinder 
turbulence level. By proper design of intake ports and combustion chamber geometry, the 
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turbulence level, giving the desired flame speed, can be achieved. Figure 8 illustrates a 
progressing flame in an SI engine.  
 
The part of the charge outside of the burned zone is referred to as the end gas. The end gas is 
compressed and somewhat heated by the burned gasses. At high load this results in a risk of auto 
ignition of the end gas: knock. Knocking can be fatal for an SI engine and thus limits the 
compression ratio. 
 
In the diesel engine air only, or a mixture of air and EGR, is compressed. Around TDC, when the 
combustion is to start, the fuel is injected at high pressure, 400 - 2200 bar, through a number of 
small orifices. The fuel rapidly mixes with the hot air in the cylinder, evaporates and auto ignites: 
Stratified Charge Compression Ignition (SCCI) or more commonly Direct Injection Compression 
Ignition (DICI). Thus the onset of combustion is controlled by injection timing. The fuel will 
then burn as it mixes with the air in the cylinder. This mixing rate is controlled by the rate of 
injection and the in cylinder turbulence. Again, proper design of injection system, intake port and 
combustion chamber design, will achieve the desired burn rate. Since the fuel burns as it mixes 
with air, there is no reason to throttle the air. If more air than needed is available, it will not 
interfere with combustion since the fuel will burn before it is diluted with the excess air. For that 
reason Diesel engines do not suffer from high pumping losses at low load. Figure 9 illustrates the 
combustion in an SCCI engine. 
 
In the diesel engine there is no combustible mixture outside the flame zone and therefore knock, 
as it may occur in the SI engine, is impossible. Compression ratio of the diesel engine is limited 
by Peak Cylinder Pressure (PCP) and heat losses. The combustion itself does not limit 
compression ratio. 
 
In the Stratified Charged SI (SCSI) engine, better known as the Gasoline Direct Injection (GDI) 
engine, fuel is injected directly into the cylinder during the compression stroke. The idea is to 
create a close to stoichiometric charge around the spark plug at the time of ignition, even though 
the charge as an average is too lean to propagate a flame. At low load this is attractive since more 
air can be allowed in the cylinder and less throttling is needed−i.e., pumping losses can be 
reduced. The SCSI process is illustrated in Figure 11. 
 
Lower pumping losses are the main advantage of GDI but injecting the fuel after Inlet Valve 
Closure (IVC) also removes the risk of loosing fuel during the valve overlap period. This means 
lower HC emissions but also one constraint less on valve timing and potentially a more complete 
emptying of the cylinder. Lower fraction of hot residuals at high load lowers the risk of knock 
and allows a higher compression ratio. 
 
In the HCCI engine the fuel has to be well mixed with air or EGR before the combustion starts, 
otherwise local temperature will be high and NOX will form. For that reason combustion cannot 
be controlled by direct injection. Since the mixture is highly diluted to prevent NOX formation 
when the combustion is about to start, a spark plug and a propagating flame will not work. 
Instead, the charge has to be brought to auto ignition. In this way combustion starts more or less 
simultaneously in the whole cylinder and the slow chemistry at the highly diluted condition, that 
prevented spark ignition, becomes the tool to control the rate of heat release. Figure 10 illustrates 
the combustion in an HCCI engine.  
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To achieve auto ignition at the desired crank angle, the charge has to be properly prepared. If 
successful, the temperature and pressure history during compression will cause auto ignition of 
the charge at the desired crank angle. The most common methods to achieve this in the engine 
laboratory are preheating the intake air, controlling the mixing ratio between two blended fuels 
with different ignition characteristics, varying the compression ratio of the engine or controlling 
the amount of trapped hot residuals in the cylinder. 
 
Compression ratio is limited by ignition timing at highest load. Since the surfaces of the engine 
heat up at high load and the less diluted charge burns faster the engine will tend to ignite too early 
at this condition and to maintain combustion control compression ratio has to be limited. The 
actual number will depend on the fuel and on how the combustion is controlled. 
 
At low load the mixture will be extremely diluted and a lot of the ignition-improving variable, 
preheating, reactive fuel or hot residuals, is needed to achieve auto ignition. Depending on how 
the system is set up, there might be a lowest achievable load, below which combustion cannot be 
initiated, or combustion will be incomplete. At high load on the other hand, the mixture is less 
diluted. A less diluted mixture tends to ignite more easily and less of the ignition-improving 
variable is needed. The peak load is limited by one of the following factors: the combustion starts 
too early even without any ignition improver, the mixture is not diluted enough to prevent NOX 
production, or the combustion becomes too rapid and design limits on cylinder pressure or 
pressure-rise rate are exceeded or the combustion noise reaches unacceptable levels.  
 
To understand how dilution affects the rate of combustion a simplistic combustion model can be 
used: While the onset of combustion in an HCCI engine is very much governed by the 
temperature and pressure history during the later part of compression, the rate of combustion is 
driven by another mechanism. As the reactions start to result in a positive heat release, the local 
temperature, where the reactions occur, increases. This causes the pressure in the cylinder to 
increase and so also the temperature, due to adiabatic compression. Since most reaction rates are 
exponential with respect to temperature this causes a very rapid increase in reaction rates locally 
and a somewhat more moderate increase globally. This is known as the positive feedback. 
 
Since the process is distributed the local effect is present in many locations representing a large 
part of the volume and thus is the stronger effect on overall reaction rate. The local temperature 
increase, neglecting the pressure increase, is that of isobaric heating, Eq. 22: 

pcm
dQdT
⋅

=  (Eq. 22) 

For a given small control volume of any mass, m, the released heat, dQ, will more or less scale to 
the amount of fuel available. This means that fuel mass concentration will be the most important 
factor for rate of heat release. This is very evident when the engine is boosted at constant load. 
Intake temperature needs to be lowered to avoid advanced combustion, due to the higher oxygen 
pressure, but combustion rate decreases. 
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Figure 8 Combustion process in a Homogeneous 
Charge Spark Ignited, HCSI, engine. 
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Figure 9 Combustion process in a Stratified Charge 
Compression Ignition, SCCI, Diesel engine. Also 
known as DICI. 
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Figure 10 Combustion process in an HCCI engine. 

 

 
Figure 11 Combustion process in a Stratified Charge 
Spark Ignition, SCSI, engine. Also known as GDI.
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The same model can be used to explain why fuel concentration gradients increase during 
combustion [39]. In the regions where combustion starts early, temperature increases, density 
decreases and these regions expand. The expansion of the early burned regions compresses the 
rest of the gas, elevating the fuel concentration gradients. In this way small initial differences 
grow and become bigger during combustion. Nevertheless, the pressure increase from the early 
burning zones elevates the global in cylinder temperature and promotes the onset of combustion 
in the later burning zones. 

Various HCCI technologies 
The basic idea behind HCCI is to prevent NOX production by using diluted mixtures, thus 
avoiding throttling to achieve good fuel economy. There are many different ways to achieve this 
and many names to describe the process. 
 
In two stroke engines the process is achieved, sometimes, without doing anything and sometimes 
by throttling the exhaust port. The commonly used name Active Thermo-Atmosphere Combustion 
(ATAC) originally refers to a two-stroke engine [1]. However, in two-stroke engines the 
objective is normally not to achieve low NOX emissions, but to lower fuel consumption, lower 
emissions of HC and improve combustion at low load. In fact, for two-stroke engines HCCI and 
SI combustion result in similar NOX emissions. There are several early publications about ATAC 
in two stroke engines [1, 2, 3, 4, 5, 6]. Honda has two motorcycle engines in production that 
utilize exhaust port throttling to achieve auto ignition, this system is referred to as Activated-
Radical Combustion, ARC [7]. The Honda two-stroke system is commercially feasible, but it 
does not today offer the performance, in terms of fuel economy and emissions, required for larger 
engines. 
 
At the Lund Institute of Technology most of the HCCI experiments have been performed on 
four-stroke engines by port injection of the fuel together with electric pre-heating of the intake 
air. The inlet manifold temperature then controls the onset of combustion. This is easy to achieve 
in a laboratory and does not require expensive hardware. Electrical heaters are also very easy to 
control. The drawbacks of electrical intake air preheating are: 1) It does not provide very rapid 
response 2) It is not very feasible for production, at least not for vehicles. 
 
Another way to control intake air temperature is by mixing of a hot and a cold stream of air. The 
cold air is created by the charge-air cooler and the hot air by heat exchanging between charge air 
and exhaust. By mixing hot and cold air in the intake plenum a very rapid and fairly production-
feasible temperature control is achieved [55]. 
 
Another approach, also used in Lund, is to alter the compression ratio of the engine [19, 46]. This 
is a very effective way to control the pressure and temperature during compression. Christensen 
et al. showed that a variable compression ratio HCCI engine is capable of running a wide range 
of fuels [19]. Depending on how it is implemented, variable compression ratio could provide 
rapid response, suitable for an engine in a vehicle. The drawback is of course that there are today 
no commercially available systems for variable compression ratio. 
 
An attractive solution to achieve HCCI is to utilize variable valve timing to trap hot residuals in 
the cylinder. Several authors [20, 21, 22, 23] have shown that a standard SI engine, equipped 
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with a system for variable valve timing, can run in HCCI mode within a certain speed and load 
range. They have invented another name: Controlled Auto Ignition (CAI). A nice feature of this 
system is that it can shift between SI combustion, using the three-way catalyst, at high load and 
HCCI combustion at low load and thereby minimize the throttle losses. Variable valve timing 
systems are also commercially available. However the requirements for HCCI combustion, 
combined with low pumping losses, are not quite met by these systems today. The drawback of 
this approach is that an engine going into SI mode at high load has to use the compression ratio 
of the standard SI engine to avoid knock. The efficiency improvement from high compression 
ratio is therefore not obtained. 
 
Direct injected gasoline, is a way to stratify the charge and, ideally, create the same dilution of 
the fuel independent of load. The system has proven to have some control authority [24], and it is 
certainly commercially feasible, but it also has some drawbacks: Compared to a homogeneous 
mixture at the same load, a stratified mixture always produces more NOX, since local fuel 
concentrations are higher. It is also complicated to design an injection system that gives exactly 
the right mixing properties for different amounts of fuel. One problem is to achieve proper 
mixing during early injection, without wetting the piston at late injection. 
 
Dec et al [56] suggests the use of direct injection to limit the dilution at very low load and idle. 
At these conditions a homogeneous charge is extremely diluted resulting in a very low 
temperature rise from the combustion. The low temperature gives very short time to complete the 
combustion once the expansion starts. Bulk quenching and unacceptable CO emissions are 
problems associated with this [36, 11].  
  
Two different principles for Diesel combustion have also been demonstrated. One of which is the 
Nissan MK system. MK, Modulated Kinetics, is achieved by quickly injecting the Diesel fuel and 
getting it mixed with the air and EGR during the ignition delay. In order to achieve this a long 
ignition delay and rapid mixing is required. High amounts of cooled EGR, together with high 
compression ratio and injection after TDC, provides low oxygen concentration and low enough 
temperature to get a long ignition delay. By using high swirl, the mixing is very rapid and at the 
time of ignition the fuel is distributed well enough to avoid high temperatures. When the 
temperature is low, almost no NOX is formed, but by mixing air and fuel before combustion, the 
conditions for soot formation, high temperature of a rich mixture, is avoided as well and the PM 
emissions are very low [28, 29]. Nissan has this system in production and the engine shifts 
between normal Diesel operation at high load and MK combustion at low load. 
 
The other approach for Diesel HCCI combustion is more similar to “normal” HCCI. The fuel is 
then injected during the compression stroke and evaporates and mixes during compression before 
combustion. New ACE has demonstrated a few variants on this theme and they refer to them as 
Premixed Early Direct Injection Combustion (PREDIC ) and MULti Direct Injection Combustion 
(MULDIC ) [25, 26, 27]. To work well in a normal Diesel engine, the Diesel fuel has one 
dominant property: it auto ignites very easily. Published results on early-injected Diesel shows 
that the charge will ignite very early, ≈20°BTDC. Such early combustion is of course no good for 
thermal efficiency. Even at very low load, ignition appears too early. As a result of the desired 
ignition properties of Diesel oil, the fuel is a blend of heavy hydrocarbons: bigger molecules are 
easier to break, which is why they have better auto-ignition properties for Diesel engines. Heavy 
hydrocarbons require high temperature to vaporize and that is not available in the cylinder early 
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during the compression. As a result, some of the early-injected fuel reaches the walls and causes 
high HC emissions and dilution of the lubrication oil in the PREDIC/MULDIC like systems. 
  
Finally, combustion can be controlled by altering the properties of the fuel. This has been the 
main focus in the work by the author and is achieved by mixing two fuels with different ignition 
characteristics. Different combinations have been used; n-heptane and isooctane, which also 
happens to be the reference fuels for determining octane number. N-heptane and ethanol, which 
has even higher control authority, since ethanol has an octane number around 106. Natural gas 
has been combined with hydrogen in one study and on the Scania D12 engine with n-heptane in 
the most recent setup. To maintain high combustion efficiency at low load, inlet manifold 
temperature has been controlled as well in most of the cases. 
 
Mixing two different fuels is normally not very practical for a production engine. However, there 
are ways to treat a fuel to get two fuels with different ignition characteristics. The natural 
gas/hydrogen system is an example that mimics what could be done by reforming a part of the 
natural gas on line. However, the main purpose of the two-fuel system is not to demonstrate a 
practical engine, but to show the possibility to use pressure data as feedback for an HCCI 
combustion control system. 

Thermal Efficiency of Combustion Engines 
As mentioned above the main purpose of HCCI is to combine high thermal efficiency with very 
low NOX emissions. It is then important to understand what governs the fuel conversion 
efficiency in an internal combustion engine. Below, some of the mechanisms with considerable 
impact on efficiency are discussed, as well as how they are influenced by HCCI operation. 
 
The author does not try to quantify the advantages/drawbacks or draw a summarizing conclusion 
of what can be expected from the HCCI engine compared to other engine concepts. This would 
be very complicated and require a lot of assumptions about details on how the HCCI operation 
was implemented. The intention is only to give an overview of what mechanisms influence the 
thermal efficiency and how they affect HCCI. 

Thermodynamic Cycles 
Basic thermodynamics teaches that the highest efficiency of a thermodynamic cycle is the 
efficiency of the Carnot cycle, Eq. 23: 

η = −1 2

1

T
T

 (Eq. 23) 

The conclusion is that the heat should be released at a constant temperature as high as possible 
and then removed, after expansion, at a constant temperature as low as possible. This is of course 
true, but only if the process is really limited by the two, high and low, temperatures. The low 
temperature is the boundary given by the ambient temperature and it is always relevant. 
However, it is hard to utilize this in a practical application. Aiming for the highest possible 
efficiency, given a chemically bonded energy, i.e., a fuel, the high temperature limit is not always 
relevant. The limitations are then governed by the fuel properties together with the combustion 
system. In the case of a DICI engine the cycle is typically limited by the highest acceptable 
pressure: the most efficient cycle is then a cycle of combustion at that pressure. For an SI engine 
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the compression ratio is limited by knock and for a given compression ratio, isochoric 
combustion is the most efficient. 
 
However, neither isochoric nor isobaric combustion are very practically feasible. Isobaric 
combustion would require extremely high compression ratio and a very oddly shaped rate of heat 
release profile, essentially impossible to obtain. Isochoric combustion is just as impractical, and 
even for the knock limited SI engine, it turns out that a slower than instantaneous combustion, 
admits a higher compression ratio and thus a higher thermal efficiency. The point is that the 
theoretical cycles are references only and which cycle is the most relevant depends on the 
assumptions made. 
 
In the HCCI engine, the aim is to avoid NOX production in the cylinder. As is shown later, under 
“NOX formation in combustion engines”, avoiding NOX actually prescribes a maximum 
temperature of the cycle. Below that temperature the NOX production rate is low, but above the 
production rate is high. Under these circumstances the Carnot cycle is a relevant reference, but 
unfortunately it is more or less impossible to implement in reality. 
 
When the chemically bonded heat is the only limit, and is to be utilized in an internal combustion 
process, the ideal cycle is the full expansion cycle, illustrated in Figure 12 and Figure 13. Starting 
at ambient conditions (1) the charge is compressed isentropically to the clearance volume (2). At 
this volume all the heat is released, causing pressure and temperature to increase (3). 
Subsequently the charge is expanded isentropically back to the ambient temperature (6). From 
this point, back to the starting point (1), the charge is compressed at constant temperature, 
dumping the heat to the ambient heat sink. This process is described and discussed by John M. 
Clarke [30] and he shows how the high volumes and pressures of a highly efficient cycle can be 
reduced by the use of heat exchange processes. However, that part is outside the scope of this 
discussion. Looking in the log-log diagram, Figure 12, there appears to be a lot of work available 
in the low-pressure part of the cycle, 4-6-1. However, when examining the lin-lin diagram, Figure 
13 and Figure 14, the truth is revealed: the low-pressure part adds a lot of volume, but very little 
work. 
 
Obviously this process will give higher efficiency the more the gas is compressed before 
combustion. It also gains efficiency if the temperature increase during combustion is high. The 
thermal efficiency for this ideal process, assuming a perfect gas, is given by the expression in Eq. 
24, where CR is the compression ratio. 
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The full expansion cycle might be the most efficient cycle, if no temperature limit is considered, 
but not the most practical. To avoid the isothermal compression and the heat exchange associated 
with it, the expansion after combustion could be interrupted at the point where ambient pressure 
is reached, see Figure 12 and Figure 13, 1-2-3-5-1. Some of the available expansion work will be 
lost, but the displacement of the engine becomes a lot smaller and it is only a small amount of 
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work that is lost. Engines featuring a cycle similar to this have been proposed and built. The 
cycle, with an expansion stroke longer than the compression stroke, is referred to as the Atkinson 
cycle. The thermal efficiency for an ideal Atkinson cycle is given by Eq. 25: 
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Figure 12 A log-log pressure-volume diagram of the 
full expansion cycle, 1-2-3-6-1, the Atkinson cycle, 1-
2-3-5-1, and the Otto cycle, 1-2-3-4-1. 
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Figure 13 A lin-lin pressure volume diagram of the 
full expansion cycle, 1-2-3-6-1, the Atkinson cycle, 1-
2-3-5-1, and the Otto cycle, 1-2-3-4-1. 
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Figure 14 A zoom in of the lin-lin pressure volume 
diagram to illustrate the gas exchange of the Atkinson 
cycle, 5-1, and the Otto cycle, 4-1. 
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Figure 15 Temperature entropy diagram for the full 
expansion cycle, 1-2-3-6-1, the Atkninson cycle, 1-2-
3-5-1, the Otto cycle, 1-2-3-4-1, and the Carnot 
cycle, 1-A-B-C-1. 

 
Even if the Atkinson cycle is the closest to the full expansion cycle you can get without heat 
exchanging, it is not the cycle normally used in internal combustion engines of current date. 
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Instead it is something closer to the Otto cycle that is predominant for all engines today. In these 
engines the expansion is interrupted at the same volume as when the compression started. In 
Figure 12 and Figure 13, the Otto cycle goes along the path of 1-2-3-4-1. Ending the expansion 
this early wastes potential work, but the engine gets very small for a given amount of work, and 
as will be shown below, power density is not unimportant for efficiency. The theoretical thermal 
efficiency for this cycle is given by Eq. 26: 

1

11 −−= γη
CR

 (Eq. 26)  

 
In Figure 15 the different cycles; full expansion, Atkinson, Otto and Carnot, are compared for the 
same peak temperature of 1850 K. In this case the Carnot cycle is the most efficient, but if the 
temperature were not limited, the full expansion could have utilized a higher compression ratio 
and achieved a higher thermal efficiency. 
 
The cycles drawn in Figure 12 and Figure 13 are for a compression ratio of 15:1, an ambient 
temperature of 298 K and a peak temperature of 1850 K. As is shown below in “NOX formation 
in combustion engines” this is about the highest cycle temperature tolerable without extensive 
NOX production. The efficiencies for the three cycles are: full expansion - 77%, Atkinson - 70% 
and Otto - 66%. As a reference the Carnot cycle with these two temperatures would have an 
efficiency of 84%. The work performed  for the Otto cycle is about 4.6 bar Indicated Mean 
Effective Pressure, IMEP. The Atkinson cycle adds about 70% more volume and extracts 6% 
more work−i.e., 2.87 bar IMEP (IMEP decreases since it is calculated as work over volume). The 
full expansion cycle adds 540% volume and extracts 17% more work compared to the Otto cycle, 
resulting in 0.84 bar IMEP,. Figure 16 shows the efficiency for the three processes as function of 
compression ratio for two different combustion temperature ratios. The temperature ratio of 2.1 is 
the ratio for the process described above. A temperature ratio of 3 is approximately what would 
be achieved in a stochiometric engine. 
 
Figure 16 shows the indicated efficiencies as function of CR assuming perfect gases and ideal 
cycles. In a real engine this is not true and the friction normally results in Friction Mean Effective 
Pressure, FMEP, close to one bar. This means that the full expansion engine would not even be 
able to overcome its own friction.  
 
It is interesting and important to note, that for the Otto cycle the efficiency is a function of 
compression ratio only. The temperature after combustion does not influence efficiency. This 
means that for an Otto cycle the low temperature combustion of an HCCI engine does not lower 
the efficiency. 

Perfect gases, ideal gases and real gases 
In the discussion above regarding different cycles, the assumption of a perfect gas is made, when 
the efficiency is evaluated. A perfect gas has constant specific heats, cP (specific heat at constant 
pressure), cV (specific heat at constant volume) and consequently γ (=cP/cV), which simplifies the 
calculations a lot. It is also assumed that the combustion does not change the number of moles in 
the cylinder. 
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One step closer to a real gas is the ideal gas assumption. The ideal gas assumption does not 
require constant cP, cV and γ, but they are functions of temperature only and the gas follows the 
ideal gas law, pV=nRT. Ideal gases are very well suited for computer simulations since the 
changes of properties are easy to account for in a numerical integration process. For the gases 
involved in internal combustion engine processes γ will decrease as temperature increases: the 
effect is a decrease in efficiency. 
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Figure 16 Indicated thermal efficiency as function of compression ratio for the three different cycles 
described. The numbers in the legend refer to the temperature ratio during combustion. 

 
The real gas is fortunately close to the ideal gas and in most cases it is not necessary to account 
for the differences between the real gas and the ideal gas. The real gas properties are functions of 
pressure as well as temperature, they do not follow the ideal gas law perfectly and their properties 
also depend on how they are mixed.  
 
The impact from gas properties is reflected by the ratio of specific heats, γ, from the Otto cycle 
efficiency expression above, it is obvious that γ should be as high as possible for maximum 
efficiency. A high content of two-atomic gases (lean mixtures) and low gas temperatures keep γ 
high and gives HCCI operation an advantage when considering gas properties. 

Heat losses 
A real engine always suffers from heat losses during compression, combustion and expansion. 
The durability of the engine components, the requirement of high volumetric efficiency and the 
risk of oil degradation limits the material temperatures and the surfaces within the cylinder have 
to be cooled to a temperature much lower than the temperature of the gas during the important 
high pressure part of the cycle. The temperature difference between the gas and the walls, 
together with the in cylinder gas motion and pressure governs the heat losses. In most engines 
between 20 and 30% of the heat from the fuel is lost to the cooling water through the walls [34]. 
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In an SI engine the mixture is homogeneous and often close to, or at, stoichiometric ratio of fuel 
and air. This means that all the gas in the cylinder, including the gas close to the walls, gets very 
hot, thus the potential to loose heat to the walls is considerable. Since the rate of heat release in 
an SI engine is governed very much by the turbulence, SI engines often operates with high in 
cylinder turbulence to speed up combustion. This high level of turbulence will also contribute to 
high heat losses. 
 
The Diesel engine always operates with a lean mixture of fuel and air, giving lower average gas 
temperatures. Since the fuel burns as it is injected, it is also possible, at least in large engines, to 
keep the flame and the burned gases away from the wall, thus lowering the near-wall gas 
temperature. The turbulence level in the Diesel engine depends on the size of the engine. Small 
automotive Diesel engines, which operate at high speed and require rapid mixing and 
combustion, operate with turbulence levels comparable to the SI engines of the same size while 
larger, medium and low speed Diesel engines normally are quiescent and the major source of 
turbulence is the injection event. The large engine also has the advantage of low surface to 
volume or surface to mass ratio. 
 
Older small automotive Diesel engines were often of indirect injection type−i.e., they injected 
fuel into a pre-chamber−connected to the cylinder by a small channel. These engines had 
extensive heat losses due to very high surface to volume ratio, very high swirl, and high gas 
velocities created when the burning gas in the pre-chamber is forced through the channel to the 
cylinder. 
 
So far the discussion has covered heat convection, but for the Diesel engine another source of 
heat loss is apparent as well: radiation. Because of the high stratification of the fuel and air 
mixture in a Diesel engine, the combustion will locally be very rich, which causes high amounts 
of soot to form. The majority of the soot is later oxidized, but before that, the very hot soot 
particles emit radiation similar to a black body, significantly contributing to heat losses. The 
smaller Diesel engines normally have heat losses somewhat smaller than the comparable SI 
engine, and as engine size increases the heat losses decrease relative to work output. 
 
The HCCI engine always operates with a lean mixture, or a mixture diluted by EGR, resulting in 
gas temperatures significantly lower than in any other engine type. This together with the fact 
that an HCCI engine is not dependent on turbulence to achieve a rapid combustion should give an 
engine with very low heat losses. The homogeneous mixture does not generate soot during 
combustion, and consequently radiation is not an issue for an HCCI engine. On the other hand the 
homogeneous mixture burn close to the wall, increasing the temperature of the near wall gases, a 
drawback compared to Diesel. 
 
Most HCCI engine concepts utilize high compression ratio to achieve auto ignition. Although 
high compression ratio gives high efficiency from a thermodynamic point of view, it increases 
pressure and temperature, and thus heat losses. Especially for small engines a high compression 
ratio can cause extensive heat losses [59].  
 
Even if the HCCI engine does not require high turbulence to achieve the desired rate of heat 
release, the heat losses can be severe at high load. When approaching the load limit the 
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combustion gets very rapid and causes knocking-like pressure oscillations. Tsurushima et al. [33] 
have shown that pressure oscillations have a major effect on heat transfer. Pressure oscillations 
break the thermal boundary layer and thus significantly increase the heat transfer coefficient. 
Probably HCCI engines at high load have higher heat losses than SI or DICI engines. 

Engine friction 
An engine has a lot of bearings and moving sealings, which cause friction. One of the main 
friction sources is the piston – cylinder liner interface. The piston rings press against the liner to 
provide good sealing between the working gases and the crankcase, and the piston skirt exerts 
pressure against the liner to compensate for the side force from the connecting rod.  
 
The larger displacement an engine has, for a given torque, the higher the friction work, thus the 
lower the mechanical efficiency. Increasing engine speed also increases the friction torque, since 
the tensions in the oil films in the bearings increase more or less linearly with speed. If the engine 
has to withstand high cylinder pressures, it needs bigger bearings and a more rigid design, which 
also increases friction work [34]. 
 
Peak cylinder pressure is mainly governed by compression ratio, boost, amount of released heat, 
and combustion timing. The rate of heat release also affects the peak pressure, but has a stronger 
impact on the rate of pressure rise. 
  
Typically an SI engine will have a lower friction torque compared to a Diesel engine of the same 
size at the same speed, because of lower peak cylinder pressure and thus smaller bearings. 
However, since an SI engine normally has only about half the peak BMEP compared to a Diesel 
engine and operates at higher speed to achieve the same power, the mechanical efficiency is 
normally not better than for a Diesel engine. 
  
The basic principle for HCCI combustion is a diluted mixture that burns at a comparably low 
temperature. The dilution means that for a given work load, i.e., a given amount of fuel, more 
bulk gas is needed in the cylinder. There are only three ways to achieve that: 
1 Use a bigger displacement volume 
2 Use more cycles for the same work−i.e., higher engine speed 
3 Put more gas into the cylinder through supercharging 
 
Alternatives one and two would give lower mechanical efficiency for the HCCI engine compared 
to SI or DICI engines. A bigger engine is not at all attractive because of the higher cost and, in a 
vehicle, the higher weight and volume of a bigger displacement engine. The engine speed used 
today is pretty much limited by practical considerations. Few engines have mean piston speeds 
above 18 m/s and for large engines the speed is often below 10 m/s. High performance passenger 
car and motorcycle engines may have mean piston speeds around or above 24 m/s. By 
distributing the volume over more cylinders, a higher speed could be obtained, but cost and heat 
losses make the alternative less attractive. This leaves boost as the preferred solution. 

Boost 
Boosting the engine means that some compression work is added to the charge before it enters 
the cylinder. There are a few different ways to do the compression; mechanically driven 
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compressors, wave compressors and turbo chargers. The wave compressors are not commonly 
used, but both mechanically driven compressors and turbo chargers are used on engines in 
production. 
 
The mechanical compressor is normally avoided when good fuel economy is important. 
However, for SI engines it is sometimes used to provide a higher peak torque without some of the 
drawbacks of the turbo charged SI engine. 
 
When using a turbo charger, some of the energy available in the exhaust is used to compress the 
intake charge. Ideally the turbo charger would utilize the energy wasted by the Otto cycle and 
mimic the Atkinson cycle by applying an external expansion. In that case the piston would notice 
no difference, except for a higher pressure during the intake stroke.  
 
Even if the reality is far from this ideal model, the turbo charger will move the cycle from the 
Otto cycle, which stops expansion at the starting volume towards the Atkinson cycle. This means 
that the expression for the thermal efficiency moves from that of an Otto cycle towards that of an 
Atkinson cycle, thus two points can be made: 1) The thermal efficiency could potentially be 
improved, compared to the cycle without a turbo charger, 2) The temperature increase during 
combustion is no longer unimportant for the thermal efficiency, compare to Eq. 25. 
 
The author has shown, in Paper 3, [11], and Paper 7, [15], that turbo charging can be used to 
significantly increase the power density of an HCCI engine to levels above naturally aspirated SI 
engines and comparable to turbo charged Diesel engines. Figure 17 shows the load curve of the 
turbo charged Scania D12 engine. However, because of the low exhaust temperature of the HCCI 
engine it is difficult to provide the boost without loosing efficiency. Figure 18 illustrates how 
exhaust backpressure compares to intake pressure at full load over a range of engine speeds. The 
dashed line indicates inlet pressure equal to exhaust backpressure. Evidently, the backpressure is 
higher than the intake pressure, causing severe pumping losses, thus lowering the thermal 
efficiency of the engine. Hiltner et al. reported similar problems [31]. 
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Figure 17 Maximum load versus engine speed for the 
turbo charged Scania D12 engine running HCCI. 
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Figure 18 Exhaust back pressure as a function of 
speed at peak load for the turbo charged Scania D12 
engine.

 
The primary reason for this situation is the low exhaust temperature of the HCCI engine. Due to 
the highly diluted charge, and somewhat also the rapid combustion, the temperature in the 
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cylinder is very low at exhaust valve opening, compared to normal SI or Diesel engines. To 
achieve the same level of boost, the same amount of work has to be extracted from the exhaust. 
With a lower temperature, this requires a higher pressure-drop, which is the direct cause of the 
high pumping losses. The high pressure-drop and the low temperature calls for a small turbine 
and Figure 19 shows the turbocharger used for HCCI next to the turbocharger used for the same 
engine in its standard Diesel configuration. The standard turbine has a characteristic flow area of 
25 cm2 and the corresponding area for the smaller turbine is 13 cm2. 
 

 
Figure 19 The turbine of proper size for HCCI to the left of the turbine used in the Diesel 
truck application. 

From the discussion it is obvious that turbo charging an HCCI engine will not be as good from an 
efficiency stand point as it is for DICI engines. But, as stated in the Paper 3, [11], the situation 
can be improved compared to the results available to date: 
• It is found that the small turbine produces boost more as a function of speed than of load. 

This means that at high speed and low load an excessive amount of boost is generated that 
is not needed. By means of variable turbo geometry, or even a waste gate, this part of the 
problem could be improved. 

• Better matching of turbo charger would allow higher turbo charger efficiency compared 
to what is obtained in the experiments. 

• Lower compression ratio would give hotter exhaust; on the other hand the closed part of 
the cycle would probably loose efficiency from a lower compression ratio. For the total 
system, the optimum compression ratio is maybe somewhat lower than the 18:1 currently 
used in the Scania D12 engine. 

• Two-stage turbo charging with intercooling lowers the work required to compress the air 
and the drawback from low exhaust gas temperature is somewhat compensated. 

 
In Paper 7, [15], a few strategies of mechanically driven compressors are discussed. They might 
be attractive in applications where high load operation is required only for very short times, or if 
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a turbo charger needs a complement in a narrow operating area. From an efficiency point of view 
a mechanically driven compressor is in almost all cases a bad idea compared to a turbo charger. 

Compression ratio 
Looking back at the expression for the efficiency of the Otto cycle, the compression ratio should 
be as high as possible. For engines operating with a premixed charge this is a problem since the 
charge tends to auto ignite too early if the compression ratio is chosen excessively high. 
However, even Diesel engines, which do not suffer from pre ignition, normally have a 
compression ratio between 16:1 and 20:1 and very rarely any higher. 
 
When the compression ratio is increased, the peak cylinder pressure increases, calling for a more 
rigid mechanical design, which tends to increase friction losses. Figure 20 shows peak cylinder 
pressure as a function of combustion timing for three different compression ratios at naturally 
aspirated and boosted conditions. Normally the maximum cylinder pressure is specified early in 
the design process of a new engine, and given a maximum cylinder pressure the efficiency – 
compression ratio relation will be very flat above a certain compression ratio. The higher 
compression ratio also increases the pressure and temperature of the charge, thus causing higher 
heat losses.  
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Figure 20 Peak cylinder pressure versus combustion timing for 
different compression ratios at 5 bar net IMEP. Solid lines refer 
to naturally aspirated condition, while dashed lines refer to 0.4 
bar boost. 

 

Combustion duration and phasing 
In the ideal Otto cycle, the combustion is instant, it occurs while the piston is resting at TDC. No 
real engines feature this kind of combustion. In an SI or Diesel engine it is difficult to reach very 
high rates of combustion. In an HCCI engine the combustion can be brought very close to 
instantaneous, but for several reasons that is not desirable. 
 
Very rapid combustion causes extremely high pressure-rise rates, which produces an erratic 
knocking-like sound. A high pressure-rise rate is not very good for the engine components, but it 



 39

also has a negative impact on heat transfer [33] (compare to “Heat losses” above). The sudden 
change in pressure causes rapid gas movements within the cylinder and the heat losses increase 
dramatically. As a result the best combustion duration is not the shortest one. 
 

Chemical heat availability 
The perfect reaction when oxidizing hydrocarbons can be described by the expression in Eq. 27. 
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This reaction will release all the heat available in the fuel, normally referred to as the lower 
heating value of the fuel (the higher heating value is used if the condensation heat of the water 
vapor can be utilized). However, when the fuel is oxidized in a limited volume after compression, 
temperatures get very high and this moves the equilibrium mixture from the right side of the 
reaction above towards a composition including species as NO, CO and H2. 
 
At temperatures above around 2000 K, the equilibrium mixture will contain significant fractions 
of NO, OH, CO, H2, H and O, thus binding some of the energy in other chemical species, rather 
than releasing the energy as heat. The equilibrium concentrations of the incompletely oxidized 
species are mainly a function of temperature, but equivalence ratio has an influence as well [32]. 
 
Any practical engine fuel, in a stoichiometric mixture, will have an adiabatic flame temperature 
above 2000 K. This means that for both DICI and stoichiometric SI engines the availability of the 
heat will limit the efficiency of the engine: some of the heat will not be released until later in the 
expansion. Since the HCCI engine always operates with lean or diluted mixtures to limit the rate 
of combustion, the availability of the fuel heat will always be very close to the lower heating 
value. Thus HCCI operation has an efficiency advantage compared to engines with stoichiometric 
combustion due to the availability of the heat. Unfortunately the advantage is small and it turns 
out that combustion efficiency in reality is lower for the HCCI engine. 
 
Apart from availability other factors preventing the cycle from full utilization of the fuel energy 
are: bulk quenching, wall quenching and crevice effects. Since HCCI combustion is comparably 
cold the temperature drop during expansion leaves a shorter time for oxidation of fuel and fuel 
derivatives. At low load this effect may be severe and result in bulk quenching and extensive CO 
emissions. Wall quenching always occurs, even in SI engines [34], but normally most of the near-
wall fuel diffuses into the bulk early enough to oxidize. Because of the lower temperature of 
HCCI it is reasonable to expect more CO and HC emissions from wall quenching. 
 
The most important source of HC and limitation to combustion efficiency is the crevice effect. 
Very close to two cold walls the charge never gets hot enough to oxidize and diffusion is not very 
effective along a narrow crevice. The most important crevice is the top land of the piston [37] and 
there are two reasons why this problem is so important in the HCCI engine. Firstly, the low 
temperature discussed above means that only a short time is available for the fuel trapped in 
crevices to later mix with the bulk and oxidize. Secondly, the high compression ratio of many of 
the HCCI concepts means that the crevices are a comparably large volume fraction of the total 
volume close to TDC. 
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NOX formation in combustion engines 
The motivation for the HCCI engine is the combination of high efficiency and low emissions, 
especially the hard-to-after-treat NOX emissions. This chapter discusses NOX formation in 
engines and explains how the HCCI engine can be operated without producing any significant 
levels of NOX. 
 
Basically there are three ways to form NOX in a combustion process: 
• The fuel may contain nitrogen in organic molecules which leaves the process as NO or 

NO2. This is only important for heavy distillates [34] and not for the fuels considered in 
this work.  

• The reaction chains involved in oxidizing the fuel may contain reactions where 
organically bonded nitrogen is formed−e.g., HCN. This nitrogen is later in the process 
oxidized to NOX. This is called prompt NOX and is not believed to be a big contributor to 
NOX formation in any Internal Combustion (IC) engine. However, Dec [35] mentions that 
HCN production could occur in the rich premixed combustion in a Diesel engine, 
producing a small amount of NO. 

• The oxidation of N2 into NO and N by oxygen atoms, O: thermal NOX. This occurs at 
high temperatures and is believed to be the single most important mechanism for NOX 
formation in IC engines. This is the mechanism considered below 

The Zeldovich mechanism 
One approach to describe the thermal formation of NOX is the Zeldowich mechanism [34]. 
Oxidation of N2 into NO and N and the further oxidation of N into NO is described by the three 
reactions in Eq. 28, Eq. 29 and Eq. 30: 
O + N2 ↔ NO + N (Eq. 28) 
N + O2 ↔ NO + O (Eq. 29) 
N + OH ↔ NO + H (Eq. 30) 
 
Since O is needed to start this process and is present in significant concentrations only at higher 
temperatures (compare to chemical heat availability above), it is not surprising that this process is 
fast only at high temperatures. When burning a lean mixture, O2 will be present in high 
concentration and it is reasonable that the N formed by the first reaction is soon oxidized to NO. 
Running the engine with low fractions of NOX, as is the intention with HCCI, one can also 
assume that the reaction rates from right to left are much smaller than the rates in the other 
direction. Thus it can be concluded that the first reaction going to the right becomes rate limiting. 
 
Heywood [34] establishes a characteristic time for the NO formation process as in Eq. 31: 

[ ]
[ ]
dt
NOd

NO e
NO ⋅=− 11τ  (Eq. 31) 

Where [ ]eNO is the equilibrium concentration of NO.  
 
He uses this expression to show that the characteristic time of NO formation is similar or longer 
than the time available in the engine cycle. The conclusion is that NO formation is rate limited, 
rather than equilibrium limited, in any engine. 
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In an HCCI engine, where the intention is to avoid significant levels of NO, a similar expression 
can be used to find the characteristic time for a critical NO concentration. This expression would 
be as in Eq. 32: 

[ ]
[ ]
dt
NOd

NO crit
NO ⋅=− 11τ  (Eq. 32) 

Where [ ]critNO is the critical concentration of NO−e.g., 10 ppm. 
 
By using the equation for initial NO formation, Eq. (11.11) in [34], rewritten here as Eq. 33, and 
assuming that the time available in the cylinder is of the same order of magnitude as a half crank 
shaft revolution, Eq. 34, a correlation between engine speed, n, and the critical temperature, Tcrit, 
can be established. This correlation is shown in Figure 21.  
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The rate of NO formation (see Eq. 33) is an exponential function of temperature. It can therefore 
be concluded that above the critical temperature, NO will form very rapidly and concentrations 
higher than acceptable will be created. On the other hand, below the critical temperature, almost 
no NO will form. From the figure can be seen that in the speed range of a few thousand rpm, the 
critical temperature is around 1850 K. A higher engine speed will allow a somewhat higher 
temperature, but the exponential behavior limits the gain. 
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Figure 21 The critical temperature for significant NOX formation in the engine 
cylinder, as a function of engine speed. 

NOX is known as the symbol for both NO and NO2 and the discussion above involve only NO. In 
most engines NO is the dominant NOX emission and NO2 is only a small part. For an HCCI 
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engine on the other hand, NO2 is often the dominating NOX emission. The reason is probably a 
combination of the temperature history and the high concentrations of O2, due to the lean 
mixture, in an HCCI engine. The discussion above is valid anyway, since NO2 forms by 
oxidation of NO. 

Running the engine with low NOX emissions 
The conclusion from the discussion above is that in-cylinder gas temperatures have to be limited 
in order to avoid NOX production. The main tool to achieve this is dilution, but there will also be 
effects of for example intake temperature and combustion phasing. Because of the effect of intake 
temperature there will be a secondary dependence on the fuel characteristics. 
 
For fuels like isooctane or ethanol it is almost impossible to run the HCCI engine with high NOX 
emissions: load is limited by peak pressure or pressure-rise rate long before the critical NOX 
temperature is reached. Figure 22 and Figure 23 show the NOX emissions when approaching the 
load limit given by peak cylinder pressure or peak pressure rise-rate when running on isooctane 
and ethanol, using n-heptane as ignition improver. Even in the worst case, the brake specific 
emissions are below 0.5 g/kWh. In the case of ethanol the maximum emissions are an order of 
magnitude smaller.
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Figure 22 Specific NOX emissions from a naturally 
aspirated engine, burning isooctane and n-heptane 
[9]. 
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Figure 23 Specific NOX emissions from a boosted 
engine, burning ethanol and n-heptane [11]. 

 
The situation changes significantly when the engine is operated with natural gas. Figure 24 and 
Figure 25 show NOX emissions from an engine operated with natural gas with hydrogen as 
ignition improver. Here it is obvious that NOX emissions will limit the load before pressure-rise 
rate does. The two figures also illustrate the influence of combustion timing. By phasing the 
combustion later a significant reduction in NOX is achieved. This is to be expected since later 
combustion phasing both gives lower peak temperature and a shorter duration of the high 
temperatures. It should be noted though, that even if the influence is strong, load cannot be 
increased very much by retarding combustion: dilution is even more important. 
 
Figure 24 also shows the strong effect of dilution. By introducing 40% more air, NOX emissions 
drop to almost zero. This effect is fully utilized in Figure 25 where 1.6 bar of boost is applied to 
reach a load of 16.5 bar net IMEP, without challenging the NOX limit. Figure 24 also shows the 
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important influence of compression ratio. A lower compression ratio gives higher NOX emissions 
in an HCCI engine. Basically there are two effects explaining this: 

• The higher intake temperature needed for the lower compression ratio lowers the air 
density, thus gives a higher equivalence ratio for the same boost. 

• For the same combustion timing, temperature is higher for a longer time in the lower 
compression ratio case, due to slower expansion. 

 
Natural gas has a high octane number, which means that it has a high resistance to knock in an SI 
engine. The main reason for this is the stable methane molecule, CH4, which is the major 
constituent of natural gas. The effect of this is a high ignition temperature. For that reason an 
HCCI engine operating on natural gas will need to reach a high temperature to initiate 
combustion, compared to a fuel with lower ignition temperature. This means that a smaller 
amount of heat can be released before the NOX-critical temperature is reached. 
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Figure 24 Specific NOX emissions versus combustion 
timing at 5 bar net IMEP. Solid lines refer to naturally 
aspirated condition while dashed lines refer to 0.4 bar 
boost. [12] 
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Figure 25 Specific NOX emissions versus combustion 
timing at 16.5 bar net IMEP. CR 15:1, Pin 2.6 bar [12] 

 
As a comparison, ethanol also has a high octane rating; but much of this originates from its strong 
cooling effect when it evaporates. This gives a high octane number, but not necessarily a very 
high ignition temperature. This is very desirable for an HCCI engine: the cooling effect allows 
the engine to operate with an effective intake temperature below ambient and the lower ignition 
temperature allows more heat to be released without reaching high peak temperatures. 

Other Properties of HCCI 
So far the potential for high efficiency and low NOX emissions with HCCI have been discussed. 
However, HCCI operation also features other important, but less attractive, characteristics. These 
will be discussed below. 

HC and CO emissions 
HCCI is often referred to as a low emission combustion concept. However, this is true only if you 
assume that HC and CO are oxidized in an after-treatment system. Due to the low combustion 
temperatures needed to limit NOX emissions, the bulk temperature drops early in the expansion 
stroke resulting in a shorter time for oxidation. 
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HC emissions originate from fuel that more or less escapes combustion. Since the fuel/air 
mixture can be assumed to be lean and fairly homogeneous, lack of oxygen should never be an 
issue. Instead it is fuel that experiences a lower temperature during the cycle that fails to oxidize 
completely. At medium and high load this can happen only near the wall and Christensen et al. 
[37] have shown that top land crevices are a major source of HC. This is to be expected, but is 
unfortunate, since the typical HCCI engine uses a high compression ratio. The high compression 
ratio means that top land crevices take up a comparably large volume fraction around TDC, thus 
a significant fraction of the fuel will be trapped. Figure 26 illustrates the effect of compression 
ratio on HC. In this case the effect is exaggerated because of the design of the piston: the higher 
compression ratio has a bigger top land crevice. Obviously, minimizing the top land crevice is 
going to be a challenging task for the HCCI engine designer. 
 
At very low load and idle, when the charge is strongly diluted, the temperature increase due to 
combustion is low and the kinetics driving the reactions are slow. In this situation the chemical 
reactions may not finish and even in the bulk CO and HC can escape oxidation [36]. 
 
Examining Figure 26 in a little more detail reveals that HC emissions increase when combustion 
is retarded. The explanation is probably the post oxidation of the gas coming out of the crevices, 
and maybe boundary layers, mixing with the bulk as the pressure drops during expansion. With 
late combustion timing the pressure drop occurs later and the bulk temperature is then lower. As a 
result a larger fraction of the charge that escaped the main combustion will mix with the bulk 
when the temperature is too low for complete oxidation. 
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Figure 26 HC emissions, normalized with respect to 
the fuel carbon flow, versus combustion timing for 
different compression ratios. 6 bar net IMEP, Pin 1.4 
bar, fuel natural gas and hydrogen [12] 
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Figure 27 Specific CO emissions at 3.2 bar BMEP 
and various inlet temperatures. Fuel is a varied 
mixture of n-heptane and isooctane. [9]

 
Measured in the exhaust pipe, CO emissions normally behave similar to HC emissions, but with 
stronger reactions to changes. Figure 27 shows how the CO emissions vary, for a constant load, 
when ignition timing is swept by altering the fuel mixture octane number for various intake 
temperatures. The ends of each line represent a somewhat subjective earliest and latest achievable 
timing. It is striking how important the intake temperature is for CO emissions: low intake 
temperature and late combustion timing can result in CO emissions of the same order of 
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magnitude as the fuel consumption! The phenomenon itself is not very surprising; when the 
intake temperature is lowered, more of the “easy to ignite” n-heptane is used. But even if the n-
heptane ignites at a lower temperature, it does not affect the temperature needed to oxidize CO to 
CO2. Thus combustion timing is maintained, but at a lower temperature; with more CO as a 
result. 
 
The plot of HC emissions [9] for the same operating points as in Figure 27, looks almost identical 
to the plot of CO emissions. It is then easy to draw the conclusion that the mechanisms causing 
CO are similar to the mechanisms causing HC. However, it is not quite that simple. 
 
In an SI engine, the main reason for high CO emissions is the high temperature during 
combustion. The equilibrium concentration of CO is then high and during expansion the kinetics 
are not fast enough, so the mixture freezes at a high CO fraction [34]. According to Ferguson [32] 
the equilibrium concentration of CO, for a lean mixture, is not significant below 2000 K. Since 
the HCCI engine is always operated below 1850 K to avoid NOX, high equilibrium 
concentrations of CO can be ruled out. 
 
Instead the source of CO must be fuel that oxidizes late enough for the mixture to freeze before 
CO is further oxidized to CO2. Aceves et al. [38] used CFD to create a realistic temperature field 
before combustion and then a multi zone model with detailed kinetics to model the HCCI 
combustion. They were able to predict reasonable CO emissions and found that CO forms in a 
very thin layer, close to the wall, but not too close, where the temperature gets high enough to 
oxidize the fuel, but then drops too fast for CO to completely oxidize to CO2. It should be noted 
that this model did not account for any mixing between zones during combustion, and mixing 
probably is important for emissions formed in the boundary layer. There is yet no evidence to 
support that CO originates from the bulk during normal operation. 
 
From an environmental point of view HC and CO are no problem if they can be oxidized in a 
catalytic converter. Erlandsson et al. [40] investigated some different catalytic mesh coatings and 
found that it probably is possible to design an effective oxidation catalyst for HCCI. They used a 
catalyst bulk volume of about 15% of the engine displacement, ran the engine at 1000 rpm and 
got between 40 and 90% reduction of HC and between 97 and 100% reduction of CO. A coating 
of SnO2 + PtNO3 gave the best results at low exhaust temperatures and hydrocarbon reduction 
was above 70% at around 230°C. The catalyst was sized only to compare different coatings: a 
real catalyst would need to be bigger. The fuel used in the tests was isooctane. 
 
Hyvönen et al. [57] used an oxidation catalyst, designed for a three-liter passenger car diesel 
engine, on the SVC engine. The fuel was gasoline RON 92 and the conversion efficiency was 
around 98% for HC and even better for CO. This catalyst worked well even for idle when exhaust 
temperature dropped to around 180°C. However, if SI mode were to be used at high load, the 
resulting high exhaust temperature would be damaging for this catalyst. 
 
Even if a catalytic converter with high efficiency can be designed, HC and CO emissions are still 
important from an efficiency point of view. Combustion efficiency is often limited to around or 
below 95% [11], which of course has a direct effect on brake thermal efficiency. If the efficiency 
from combustion to mechanical work is assumed to be around 50%, a combustion efficiency of 
95% causes a degradation of the brake thermal efficiency of 2.5 points. 
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Physical constraints 
At low load an HCCI engine is not very noisy, what you hear is some breathing sound and some 
mechanical noise: the engine sounds very much like a motored engine. But as the load is 
increased, the rate of combustion rises and the engine starts to emit combustion noise. At peak 
load the engine sounds very much like a severely knocking SI engine. Since this sound does not 
originate from the exhaust blow down, a muffler cannot help to silence this noise. 
 
Because reaction rate is limited by dilution of the charge, the rate of combustion has to increase 
as the peak load is approached. Higher load requires more fuel and to limit the boost needed, the 
highest load will use the less diluted mixture and thus the highest rate of combustion that can be 
tolerated. 
 
The high rate of combustion is reflected in the high pressure-rise rate, and somewhat also in a 
higher peak cylinder pressure. Figure 28 and Figure 29 illustrate how pressure-rise rate and peak 
cylinder pressure depend on combustion timing, boost and compression ratio. It is obvious that 
boost slows down combustion significantly but, of course, also gives higher peak cylinder 
pressure. 
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Figure 28 Peak rate of pressure rise versus 
combustion timing for different compression ratios at 
5 bar net IMEP. Solid lines refer to naturally 
aspirated condition, while dashed lines refer to 0.4 
bar boost. [12] 
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Figure 29 Peak cylinder pressure versus combustion 
timing for different compression ratios at 5 bar net 
IMEP. Solid lines refer to naturally aspirated 
condition, while dashed lines refer to 0.4 bar boost. 
[12] 

 
The high peak cylinder pressure for a given load is comparably easy to handle. Many diesel 
engines are already built to withstand peak pressures around or above 200 bar. The “only” 
problem is the higher friction losses associated with designs for higher PCP. The pressure-rise 
rate however, might not be damaging to the engine, but causes high levels of noise that is 
difficult to silence. In the author’s opinion, for most applications, a production HCCI engine 
would be limited by noise, i.e., pressure-rise rate. 

Effects of EGR on HCCI 
EGR was tested on the Scania D12 engine and the results are reported in Paper 5, [13]. The 
layout of the engine for these tests was exactly as in Figure 2 and the fuels used were n-heptane 
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and ethanol. One important aspect of these tests is that the engine was operated on two fuels, with 
a ratio that varied between the cylinders. Since all cylinders were run at the same load and no 
cylinder individual lambda measurement was available, it was impossible to run the engine at 
stoichiometric condition. It can be expected that the effects of EGR are much stronger and 
somewhat different, when the mixture gets very close to stoichiometric. No conclusions can be 
drawn from these tests about stoichiometric operation with EGR. 
 
One of the strongest reasons to use EGR is the potential to lower the rate of combustion at high 
load. Lower oxygen concentration and higher specific heat when using EGR are the main reasons 
to expect a slower burn rate. However, it was found that these effects are insignificant if the 
intake temperature is controlled to maintain the same combustion phasing with approximately the 
same mixing ratio of the two fuels, see Figure 30. Again, it is possible that the conclusion would 
be different if operation very close to stoichiometry could be achieved. 
 
One advantage that was proven is the lower specific emissions when using EGR. The reason is 
basically a lower mass flow of exhaust. Concentrations of HC, NOX and sometimes CO, do not 
increase very much when the EGR rate is increased. Figure 31 illustrates emissions of HC, 
normalized with respect to fuel flow; as the EGR rate is increased emissions drop almost linearly. 
Another effect of the recirculation of HC and CO is higher combustion efficiency. Higher 
specific heat lowers the cycle temperatures and heat losses, but the lower γ lowers the 
thermodynamic efficiency. Overall the effects of EGR on brake thermal efficiency were not 
unequivocal, but it was found that the pressure drop from the EGR system had a significant and 
negative effect on efficiency. 
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Figure 30 Heat release duration, defined as the crank 
angle for 10 to 90% burned for two different fuel 
loadings. 
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Figure 31 Emission index of HC for two different fuel 
loadings. 

 
The EGR tests in Paper 5, [13], were performed for a long route EGR system, i.e., exhaust was 
expanded, cooled and then compressed again. The reason for a long route system was that this 
allows for large variations of EGR rate without affecting the turbo charger too much. However, 
such an effect could be used to deliberately affect the turbo charging as outlined below. 
 
Proposed Turbo Strategy 
It should be possible to control the turbo charger by varying the EGR rate in a short route EGR 
system. Instead of just changing the mass flow through the turbine, as a waste gate would, an 
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EGR system would change the airflow as well. Take a system that at full load and speed uses 
almost 50% EGR. At half that speed and no EGR the turbo charger basically sees the same flows. 
This should solve many of the problems of controlling the turbo charger with minimum pumping 
losses at different speeds and loads. Also the highest EGR rate would be used at the highest 
speed, lowering the designing flow rate for the oxidation catalyst. This approach has not been 
tested but should be recognized as a suggestion for future work. 

Operating Range of HCCI 
The operating range of an HCCI engine depends very much on the layout of that particular 
engine. In this chapter an engine that always operates in HCCI mode and that has a powerful 
means to control combustion timing is considered. 
 
Compared to other combustion strategies HCCI operates with a more diluted mixture of fuel and 
air (or EGR). For all engine concepts power is limited by how much air can be pushed through 
the engine and for any given airflow the stoichiometric SI engine will produce the highest load, 
followed by the DICI engine that produces about 75% and the HCCI engine that produces about 
50% of that load. The reason is that NOX production and structural noise cannot be limited to 
acceptable levels for λ<2. 
 
To compensate for the lower utilization of air, boost can be applied to increase the airflow 
through the engine. The most economic way to generate boost is by turbo charging, but for high 
boost pressures pumping losses get severe. If high efficiency at peak load is important, two-stage 
turbo charging could be utilized, discussed in Paper 7, [15]. For high boost pressures PCP also 
becomes a limiting factor. 
 
The HCCI combustion works also at low load and high λ, the problem is incomplete combustion, 
affecting both emissions and brake thermal efficiency. Dec et al. [56] have shown that this 
problem can be reduced by using direct injection and stratified charge at very low load. 
 
Quantitative Estimates 
For one-stage turbo charging of HCCI about 2 bar of boost, i.e., inlet pressure of 3 bar abs, 
probably is the highest boost level that could be achieved with reasonable gas exchange 
efficiency. This will give approximately 15 bar BMEP and PCP around 200 bar, depending on 
compression ratio. With two-stage turbo charging it should be possible to reach over 3 bar of 
boost without excessive pumping losses. This would give about 20 bar BMEP, but also a higher 
PCP. These limits are based on a lowest acceptable gas exchange efficiency, Eq. 12, of 95%. This 
number could be higher or lower depending on the application. 
 
There are no reasons why the highest load could not be reached within the entire speed range of 
the engine. However, it requires an effective means to control the turbo charger to generate 
adequate boost throughout the entire speed range of the engine. 

Controlling HCCI 
Most important for a control problem is the process to control. Many controllers are designed and 
tuned without a quantitative model of the process. However, the more that is known about the 
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process, the easier it is to design a well performing controller. In the case of HCCI the physics are 
very complicated, but nevertheless it is possible to characterize the process. 
 
The feedback variable/variables is mandatory for a closed loop control system. Typically the 
process output of highest interest, or easiest access, is picked as the feedback variable. In the case 
of HCCI this would be the engine torque and maybe some emission sensors. However, that 
would not tell enough about what happens inside the process, therefore cylinder pressure 
feedback is necessary. Cylinder pressure provides information both about engine load and 
combustion timing. 
 
The control variable/variables is an absolute necessity in any control problem, open or closed 
loop. The variables must be chosen so that they can control each important aspect of the process 
independently. For example, amount of fuel only is not enough to control both load and 
combustion timing of the HCCI process. 
 
The controller itself is basically a process that generates signals for the control variables as 
functions of the measured feedback signals, their histories and time. In the case of HCCI the task 
is comparably complex and the controller has to be implemented as a customized real time 
application on a computer. 

Feedback variables 
Conventional engine control does not rely very much on feedback; instead the typical engine 
management system is based on mapping, i.e., feed forward only. The lambda sensor used for SI 
engines with three-way catalysts is probably the most well known example of feedback that is 
commonly applied in engine control. The lambda sensor is used to adjust the injected amount of 
fuel and thus keep the catalyst efficiency high. Another feedback used is the knock sensor, 
detecting knock in SI engines at high load. Typically, when knock is detected the ignition timing 
is retarded. 
 
However common examples of feedback in combustion engine control, the lambda sensor and 
the knock sensor are not used as standard analog feedback sensors in a linear controller and they 
are not of much use to solve the core problem of HCCI combustion control. 
 
The most important process output of the HCCI engine is of course the torque: this is what the 
user is asking for. However, the torque does not tell very much about the combustion and because 
HCCI lacks a direct means of ignition it is the combustion timing that is the most important 
information. It is possible to operate an HCCI engine without feedback of the load, but it is not 
advisable to try running HCCI without any information about combustion phasing.  
 
Exactly what aspect of the combustion that is measured and referred to as the combustion timing  
is probably not very important. Desirable qualities of the signal are: 

• Relevance: the signal must be associated with the early or main part of the combustion 
since this is what is closely coupled to important constraints as pressure rise rate, peak 
pressure and emissions. 

• Cycle resolution: because the process is cyclic and the desired response time only is a few 
cycles it is important that the feedback variable has high bandwidth. 
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• Low noise: for the same reasons as above and to allow utilization of the full temporal 
resolution the signal to noise ratio must not be too low. 

• Consistency: the signal always has to change and change in a known direction, when the 
combustion phasing changes. For example, the crank angle of peak pressure would not be 
a good choice since it would never give an indication earlier than a few degrees BTDC. 

 
One method that gives excellent performance in terms of the criteria listed above is high-speed 
sampling of the cylinder pressure; this also gives information about load and allows several 
aspects of the combustion to be evaluated. One of the most robust signals to extract from this is 
the crank angle of 50% accumulated heat release, CA50. CA50 occurs close to the peak rate of 
heat release and therefore, at this angle, even at very low load, the combustion dominates over 
other effects such as blow by or heat transfer. All requirements mentioned above are more than 
fulfilled for CA50 calculated by a very basic first law analysis. In all control related studies by 
the author, CA50 is used as the feedback of combustion timing. In many cases a feedback of load 
is used as well and the load is then represented by the net IMEP. 
 
The author has experience only of high-quality piezoelectric sensors and these work very well. It 
is important, but remains to be done, to investigate the requirements of a cylinder-pressure sensor 
to be used for combustion control in production HCCI. 
 
The processing of the cylinder pressure for closed-loop control is done in a few steps. The first is 
the referencing of the cylinder pressure. This is done by assuming polytropic volume change 
during a part of the compression stroke, Eq. 35. 
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0  (Eq. 35) 

Combining this with Eq. 36, describing the relationship between measured and actual pressure 
makes it possible to use linear regression to estimate the offset. pREAD is the non referenced 
reading from the pressure sensor and pOFFSET is the DC offset, assumed to be constant for each 
cycle. This is explained in more detail by Tunestål [54] 

OFFSETREAD ppp +=   (Eq. 36) 
 
The second step is calculation of IMEP by integration of the work over the entire cycle, Eq. 5. To 
perform this integration the volume derivative with respect to crank angle is precalculated. 
 
The third step is calculation of the accumulated heat-release trace. This is done only for a part of 
the cycle, -30 to 60 °ATDC, where combustion is probable. The most important assumptions are: 
perfect gas, i.e., constant gamma, no heat losses, no blow by, and modeling of combustion as 
addition of heat with no change of gas composition. To make the heat release comparable to load, 
it is normalized by displacement volume to take the form of a Mean Effective Pressure (MEP). 
The accumulated heat release MEP, QMEP, at an angle α is calculated according to Eq. 37: 
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To find CA50 the crank angle of the lowest value of the QMEP(α) is found first. Then the 
highest value after the lowest value is found and finally the CA50 is defined as the crank angle 
where the QMEP is halfway between these two values. 
 
Sampling of cylinder pressure, measured by a piezo electric sensor is probably the method that 
provides the highest quality feedback signals possible for HCCI. However, cost and durability 
might become challenging issues for these sensors in production engines. Other designs for 
cylinder pressure sensing, more feasible for use in production engines, are being developed. 
Some are based on fiberoptics [41, 42] and others on measuring the stresses in the cylinder head 
[43]. It is, however, reasonable to consider other feedback variables as well.  
 
One of the most promising alternatives to cylinder pressure is ion-current sensing. A voltage is 
applied between a probe in the cylinder and the cylinder walls. This forms an electrical field in 
the cylinder and when the combustion ionizes some of the charge a small current from the probe 
to the cylinder walls can be measured. In SI engines the spark plug is often used as the sensor 
[58]. The ground electrode then makes the spark gap the part of the cylinder with the highest 
potential gradient and therefore focuses the measurement very much to the spark gap. This is not 
a problem for close-to-stoichiometric SI operation that gives a strong ion-current signal. For lean 
HCCI operation the signal is weaker and the signal to noise ratio is then improved by removing 
the ground electrode, using a more uniform electric field in the cylinder. 
 
Ion current has been investigated and successfully used for closed loop control of HCCI by 
Strandh et al. [60, 61]. Sensor shape and placement was found to be important, especially if ion-
current sensing is to be used for very lean operation. 
 
Other possible sensors for feedback could be various knock sensors, strain gauge sensors on the 
cylinder heads or head bolts, or light sensors responding to the light emission from the oxidation 
process. These are strategies that might be possible to use, but present some obvious challenges 
and most probably also some yet-to-discover challenges. Both knock sensors and comparably 
remotely located strain-gauge sensors are basically low sensitivity pressure sensors. These will 
probably have problems meeting the low-noise requirement for a feedback sensor at low load. 
Light sensors are sensitive to fouling from lubrication oil. None of these technologies are 
thoroughly investigated by the author and they should be included in a more complete review of 
possible feedback sensors for HCCI.  

Control variables 
Having a feedback signal is a good start for a control system, but it also needs a control-input 
variable: a knob to turn. In fact, if several aspects of the process need to be controlled 
individually, at least as many control variables are needed. In the case of HCCI load and 
combustion phasing must be individually controlled. The load is very much a function of the fuel 
amount; in fact IMEP is related to FuelMEP by the relatively constant indicated efficiency. What 
is needed for HCCI is one more control variable that can be varied independently of the fuel 
amount.  
 
Apart from the ability to be controlled independently of fuel, the control variable needs enough 
control authority and the response from the engine needs to be fast. To get the best performance 
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of the engine the control variable should also be cylinder individual. The control authority needs 
to be strong enough to cover the full operating range of the engine and accommodate variations 
in ambient temperature and pressure and variations of fuel properties. For an automotive 
application the transient performance of the engine is crucial. It is therefore important that the 
control variable influences the process within only a few cycles. Typically cylinder-to-cylinder 
variations are most pronounced at high load and two reasons can be found for this: 1) At high 
load the timing window of acceptable operation is very narrow and a small change in combustion 
timing has a great impact on engine sound, emissions and combustion efficiency. 2) At high load 
the interaction between wall temperature and combustion is very strong resulting in open-loop 
instability and then cylinder individual control is mandatory. 
 
As mentioned above, several control variables are possible−e.g., intake temperature, residual 
gases or compression ratio. None of these variables are currently available in conventional 
engines, at least not to the extent required for HCCI control. Currently a lot of the HCCI research 
is focused on trapping of residual gases by the use of large valve overlaps, negative or positive 
[20 - 23]. The advantage of using the valve overlap as the control variable is that it can fairly 
easily be implemented into production without affecting packaging. Another advantage is that it 
is possible to switch between HCCI and SI, if the compression ratio is kept around 12:1. 
Unfortunately, the valve overlap cannot be controlled independently of the fuel with this strategy. 
The charge cannot be rich of stoichiometric and it turns out that the engine has to be operated 
very close to, or at, stoichiometric mixing ratio. This is probably the reason why the operating 
range of this control strategy often is reported to be only a small island in the speed-load map. 
 
In most of the studies included in this thesis the composition of a fuel blend has been used as the 
control input and the intake temperature has been adjusted to achieve acceptable combustion 
efficiency and a suitable blend of the fuel mixture. In Paper 9, [17], however, the intake 
temperature is the control variable. The fuel combinations used on the multi cylinder Scania D12 
engine are: n-heptane / isooctane, n-heptane / gasoline, n-heptane / ethanol and n-heptane / 
natural gas. On the single cylinder engine the combination hydrogen / natural gas was used. Most 
of these fuel combinations are not realistic for a practical application and a dual-fuel system is 
not a very user-friendly solution (dual-fuel system here refers to a system that requires two fuels 
at the same time). But for proving the concept of cylinder pressure feedback, testing different 
controllers and also to study some combustion phenomena, the system is excellent. 
 
The fuel combination hydrogen / natural gas is different from the others: it could be realistic for a 
practical engine, see Paper 4, [12]. The intention of studying this fuel combination is to 
investigate the possibility of operating an engine on natural gas and to produce the secondary 
fuel, the hydrogen, online with a reformer. Two different kinds of reformers exist that could do 
this: 

• Air reformers, oxidize the hydrocarbons with air according to the reaction in Eq. 38. 

( ) 222222 887.11887.1
2

nNHnnCOnNOnHC nn +++↔+++  (Eq. 38) 

• Steam reformers, using steam in a two step reaction where CO is oxidized further to CO2, 
Eq. 39 and Eq. 40. 

( ) 2222 12 HnnCOOnHHC nn ++↔++         (Eq. 39) 

222 HCOOHCO +↔+  (Eq. 40) 
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The air reforming process is an exothermic reaction causing the reformer to heat up and lowering 
the heating value of the fuel going into the engine−i.e., some efficiency is lost. For pure methane 
the lower heating value decreases from 50 MJ/kg CH4 to 47.7 MJ/kg reformed CH4 (based on 
mass before reforming), a drop of 4.6%. For the natural gas used, the lower heating value drops 
from 47.6 MJ/kg natural gas to 45.1 MJ/kg reformed natural gas, a drop of 5.3%. Minimizing the 
fraction of reformed natural gas minimizes this loss. 
 
The steam reforming reactions on the other hand are endothermic, for methane the heating value 
would increase to 60 MJ/kg reformed CH4. This means that the reformer will cool down and heat 
must be added. If this heat could be added from the exhaust, it would be for free and thermal 
efficiency of the engine would actually be improved. However, the reformer probably needs to 
operate at a temperature higher than what is available in the exhaust of an HCCI engine after the 
turbo charger. If heat needs to be added by burning fuel, efficiency will not be affected; the lost 
heat from the burned fuel will enter the engine as a higher heating value of the reformed fuel. 
 
In both processes, species other than hydrogen are produced. The air reformer will produce CO 
and N2 and the steam reformer will produce CO2. These gases will probably need to be brought 
into the engine together with the hydrogen and could affect the control properties, compared to 
those of pure hydrogen. However, N2 is inert and already present in the air in much higher 
concentration than added with the fuel, thus the effect from N2 in the reformed fuel should only 
be the effect of a somewhat lowered O2 concentration, i.e., similar to the effect of EGR. CO2 is 
also inert, but has a lower ratio of specific heats, thus lowering compression temperature. If a lot 
of CO2 is added to the mixture the effect is contradictory to the ignition improving effect of H2, 
but as long as the concentrations are moderate, the effect should be weak. CO is reactive with a 
methane number of 62, slightly lower than for North-Sea natural gas [65]. The ratio of specific 
heats is the same as for air so it should do either nothing or slightly amplify the ignition 
improving effect. 
 
From the discussion above it can be concluded that it is important to keep the fraction of 
reformed fuel low−i.e., only a low hydrogen fraction should be required to control combustion. 
Thus, the control authority of the fuel combination hydrogen / natural gas is important. Figure 32 
shows mass fraction hydrogen required to maintain desired combustion timing as load is swept 
by changing λ with constant intake temperature and pressure. Note that that the hydrogen fraction 
is given as mass fraction. Unfortunately, a lot of hydrogen is needed for the lower loads and it is 
obvious that hydrogen alone is not a strong enough control variable. However, even if the system 
of hydrogen / natural gas is not strong enough to cope with big load changes, it could still be 
useful to achieve the rapid cycle-to-cycle control needed in steady state operation. Figure 33 
shows how combustion timing can be altered by only small changes in hydrogen fraction.  
 
The conclusion from this study is that the fuel combination of hydrogen and natural gas can 
provide excellent performance for steady state operation and some transient performance, but it 
needs to be complemented by some other, stronger, means of control, that does not need to be 
very fast−e.g., intake temperature control. 
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Figure 32 Mass fraction hydrogen versus net IMEP 
for two different cases, when load is changed at 
constant inlet temperature and pressure. Combustion 
timing is retarded linearly as load is increased. CR 
19:1 [12] 
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Figure 33 Combustion timing versus steady-state 
mass fraction of hydrogen at two different conditions. 
[12]

In the cases of n-heptane as one of the fuels, the control authority of the dual-fuel system is very 
strong. The main reason for this is believed to be the low temperature reactions of n-heptane.  
During compression, some 30° to 40° before TDC, the n-heptane goes through exothermal 
reactions and forms formaldehyde [49, 50, 51]. These reactions increase temperature and add 
formaldehyde−a very reactive specie−more or less proportional to the amount of n-heptane 
present in the cylinder. 
 
Blending of two fuels is good for fast control and easy to implement in the laboratory. However, 
to keep good combustion efficiency and sometimes also to achieve enough control authority, 
intake temperature has to be controlled as well. On the single-cylinder Volvo engine, intake 
temperature is controlled by a heater only. For the six-cylinder Scania engine different setups 
have been used and the most recent configuration is that heaters are used for high temperatures 
and for low temperatures the mixing of cooled and non-cooled air is used for temperature control. 
On these engines the response time of the temperature control is several seconds and the engines 
need the faster fuel blending system. However, the SVC engine has a different, and much faster, 
system for temperature control. By mixing hot and cold air using fast throttles temperature is 
controlled very rapidly and the temperature alone gives excellent control potential. The 
performance of this system is quantified in the section “The LQG Controller” below. 

Process 
For simple processes it is possible to give a physical description that is directly applicable to 
control theory. The inputs and outputs are well defined and the status of the simple process is 
defined by a low number of states. Relationships between inputs and states and states and outputs 
are all linear and a complete description can be given in the form of Eq. 41: 

DuCxy
BuAxx

+=
+=&

 (Eq. 41) 

Where x is the state vector, u the vector of inputs and y the vector of outputs and the matrixes A, 
B, C and D characterize the process. 
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In the case of HCCI the process is not linear, but Eq. 41 can be used also for non-linear systems if 
A, B, C and D are not numerical matrixes, but generic functions. Another problem is that some of 
the input, output and state vectors may be hard to define in a meaningful and consistent way. The 
input vector is probably the easiest one, it consists of the rate of fuel injection of each fuel, intake 
temperature, valve timings or whatever else is chosen as control variable. Engine speed could be 
considered either as an input that cannot be used as a control variable or an output. If speed is 
considered an output, brake torque should be considered an input and the difference between 
brake torque and load will govern the rate of change of speed: probably a very inconvenient way 
to handle the speed. 
 
The most important outputs are the load and the fuel consumption: because that is what the user 
is asking for and paying for. Other important outputs are the regulated emissions, noise and 
vibrations from the engine, wear and oil consumption. Of all of these outputs it is only the load 
that makes sense to consider from a controls perspective. For HCCI, combustion timing should 
be added as an output to be measured and controlled. The reason is the great impact that the 
phasing of the combustion has on all of the other variables. By controlling combustion phasing 
the tradeoff between brake-thermal efficiency and regulated emissions can be optimized. 
Excessive PCP or rate of pressure increase can be avoided, limiting noise, vibrations and wear. 
Finally, close to complete combustion can be guaranteed and thus dilution of the lubrication oil is 
controlled. 
 
The nature of the physical states of the HCCI engine depends somewhat on how the 
implementation is set up. Intake manifold pressure and temperature and exhaust manifold 
pressure are always relevant, these are easy to measure and could be considered as inputs. Wall 
temperatures in the piston crown, the liner and cylinder head is actually a continuous state of 
infinite order (temperature is a continuous function of geometric coordinates). Wall temperatures 
are relevant for all HCCI engines but they are very hard to measure or estimate.  
 
For port fuel injected engines the mass of fuel in the pools in the inlet are states influencing how 
much fuel is actually taken in by the engine each cycle. Basically, pool forming and evaporation 
acts as a low pass filter on the fuel injection. In some set ups valve positions in the air 
management system must be added as states, in turbo charged systems the turbo speed is a state 
and if heaters are used the different temperatures of the heaters are states. If variable valve 
systems are used they may have states that need to be considered. 
 
Looking back to Eq. 41 there are two important parts of understanding or describing the process, 
once all the inputs, outputs and states are defined. The first part is how the states change, 
knowing the states and the inputs. The second part is predicting the output for given states and 
inputs. For parts of these two relations linear equations can probably give good accuracy but for 
other parts the relations will be far from linear. 
 
The states listed above are all continuous in time but some of the inputs and outputs are not, they 
are cyclic. Residual gas fraction could be considered a state that would then also be cyclic or 
discrete in time, occurring once every engine cycle. For a process representation based on 
physics, all inputs, outputs and states should be discretized in time using the time base of one 
engine cycle. The wall temperature also has to be reduced to discrete space. 
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However very complex, it would not be impossible to create a process model based on physics. 
Apart from what is already mentioned it would have to include some means of cycle simulation, 
requiring chemical kinetics, to solve the second part of Eq. 41. A physical model would definitely 
add a lot of understanding and maybe also improve the control of the engine. One problem could 
be the lack of systematic methods for analysis and controller design of non-linear models. 

Black-Box versus Physical Models 
A physically based model has the advantages that it can be tested not only from a performance 
point of view, but also by a critical review of assumptions and submodels. From the assumptions 
and validity range of the submodels it is possible to quantify the valid range of the complete 
model. The obvioius drawback is the comlexity of such a model. 
 
A more comprehensive priciple of modelling is the use of system identification and fitted black-
box models [62]. By performing experiments with excited process inputs a linear model can be 
fitted to the results. The advantages are the straight forward procedure and the simplicity of the 
model, that will be linear. The drawback is that the model can only be validated in terms of 
performance and if the true process is not close to linear the validity range of the model is 
limited. 
 
Paper 8, [16], describes the first attempts to apply system identification and black-box models to 
HCCI. In this paper an Autoregressive External Input (ARX) model is fitted to the measured 
data. The ARX structure is somewhat different from the structure in Eq. 41 above in that it is 
inherently discrete and does not explicitly contain any states. The structure of an ARX model is 
given in Eq. 42. 

( ) ( ) kk
d

k wuzBzyzA += −−− 11  (Eq. 42) 
 
Here z is a shift operator and z-1 refers to old values and is used for causal models. A and B are 
polynomials and d is the time delay. The time base used for HCCI should be one engine cycle, 
since this is the smallest sample interval possible. Process outputs and inputs are represented by 
yk and uk, process noise is represented by wk. 
 
The ARX model is illustrated by an example of a second order A polynomial, a third order B 
polynomial and a delay of 2 cycles. Eq. 42 can then be written as Eq. 43: 

kkkkkkkk wububububyayay +⋅+⋅+⋅+⋅=⋅+⋅+⋅ −−−−−− 5342312022111  (Eq. 43) 
This means that if given measurements until sample k-1, the output at sample k can be predicted. 
 
The form of the ARX model given in Eq. 42 is valid for a Single Input Single Output (SISO) 
system, but can be extended for a Multiple Input Multiple Output (MIMO) system by adding one 
B-polynomial for each input that is included and use one equation for each output. 
 
The other model structure used by the author is the discrete state space representation. This is 
used in Paper 9, [17], and for the design of the Linear Quadratic Gaussian (LQG) controller 
discussed in “The LQG Controller” below. The discrete state space representation is very similar 
to Eq. 41, the exact form is given in Eq. 44: 
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The ARX structure is not directly comparable to the state space structure in Eq. 44, due to the 
differences in the noise modeling. The noise model in the ARX structure is very simple, but in 
the state-space structure two independent noise vectors are used and the matrixes G and H give 
great freedom to customize the noise. Other structures, similar to ARX, are available that gives 
more freedom in noise modeling [62]. However, so far no work has been done by the author to 
support a more complex noise model than that of the ARX model. 
 
The advantage of the ARX representation is that no states are invented. It is possible to look 
directly at the polynomials and tell something about the process. In the state space representation 
exactly the same model can be implemented in an infinite number of ways by different linear 
combinations of the states. The parameters of these different models will vary, although the 
input-output properties are identical. It is therefore not very easy to directly compare two models 
in state-space form. It is possible to convert an ARX model to a state space model and vice versa 
(if the noise model is not too complex). 
 
The experimental method used for system identification is divided in two steps. First some 
simple step-response experiments are performed by changing one input variable at the time. 
Analysis of these results gives a hint about how sensitive the process is to the different inputs and 
this information is used to decide the amplitude of the excitation of each input variable in the next 
step. Generally, it is found that variations of CA50 of approximately ±1 CAD give a good signal-
to-noise ratio and keeps the process within an approximately linear range. 
 
The second step is excitation of the input variables of interest. A Pseudo Random Binary 
Sequence (PRBS) signal is added to the input signals. The PRBS signal looks random and is very 
close to perfectly white noise. To keep the engine at the desired operating point the experiments 
are often performed in closed loop. To avoid that the controller then removes the low frequency 
part a disturbance is added not only to the control variable after the controller, but also to the 
reference. 

Process Characteristics 
During the first attempts to design a PID-controller for HCCI the non linearity of the process was 
discovered. If the controller was tuned to perform well at one operating point, it always failed 
when the operating point was changed. The first, and fairly successful, attempt to handle this 
problem was to assume unchanged dynamics of the process and use gain scheduling based only 
on the estimated steady-state gain of the process. The assumption is wrong, but the controller 
performs fairly well anyway. This approach is described in the first part of this section. 
 
Later it was discovered that the process changes from open-loop stable at low load to open-loop 
unstable at high load. This is studied in some detail in Paper 4, [12], and is illustrated and 
discussed in the second part of this section. A more systematic way to study the non-linearity of 
the process is to compare the characteristics of the linear approximations at different operating 
points. This is not previously published and is discussed in the last part of this section. 
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The sensitivity estimate 
The rational behind the first approach to make a controller with the best characteristics for the 
present operating point was that it was only the steady state gain that changed and the changes in 
the process dynamics were not important. This assumption is wrong, but nevertheless the 
approach allows a controller with fairly good performance to be designed. This could be viewed 
as an example of the strength of closed-loop control. 
 
The sensitivity estimation was performed on the Scania D12 engine for the fuel combination of 
n-heptane / isooctane. The estimated function is purely empirical and based on data that was hard 
to collect with high accuracy. At different loads, speeds, intake temperatures and intake pressures 
the fuel ratio was altered step wise from very early ignition to very late ignition. Fuel ratio and 
semi steady-state CA50 was noted for each point. Figure 34 shows a few of these sweeps; note 
that octane number and fuel ratio in percent is the same thing for the mixture of n-heptane and 
isooctane. 
 
The sensitivity, S, is defined as the change in steady state combustion timing, CA50, per unit 
change in octane number, O, Eq. 45: 

( )
dO
CAdS 50≡  (Eq. 45) 

 
Note that this definition is not meaningful when the system is open-loop unstable. The sensitivity 
is a function not only of octane number and combustion timing, but also of engine speed, intake 
temperature, fuel mass and intake pressure. Isolating the different dependencies is important, but 
also difficult: it is impossible to change only one parameter at a time. The approach chosen was 
to assume that the sensitivity could be described as a product of functions, where each is a 
function of only one variable, Eq. 46. 

pinOmfTin ffffffS ⋅⋅⋅⋅⋅= 50θ  (Eq. 46) 
 
It could be argued that the timing, i.e., CA50, is actually a function of the other parameters and 
consequently it should not be included. However, the experimental data shows low 
reproducibility for combustion timing−i.e., if the engine is run at different occasions with the 
same settings−combustion timing will vary significantly between tests. For that reason, the 
sensitivity function improves by including timing as well.  
 
Inlet temperature is measured just in front of the inlet manifold. Heat transfer between the inlet 
air and the manifold, ports and cylinder walls will affect the actual temperature trace during 
compression. So will evaporation of fuel. Variations in these phenomena are not monitored and 
these are probable reasons for the apparently low reproducibility of combustion timing. 
 
The experimental data for sensitivity includes 345 operating points, and the relative standard 
deviation of the prediction error, using the sensitivity function at these points, is just below 3%. 
However a good fit, the number of 3% is based on the same measurements as were used for 
fitting the function. The data points do not include the open-loop unstable, or close to unstable, 
operating points and therefore the validity of the fitted function is not as good as it may seem. 
Figure 35 shows a plot of the fit between measured and estimated sensitivities. 
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The timing controller gain scheduling is based on the estimated sensitivity function. The gain of 
the controller is divided by the estimated sensitivity before entering the control algorithm.  
 g g
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Figure 34 Combustion timing as a function of octane number along lines of different constant intake conditions and 
loads. 
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Figure 35 The estimated sensitivities plotted versus measured 
sensitivities. The correlation coefficient is 0.93. 

 
Unstable Operation 
In most cases it is possible to operate the HCCI engine manually and it is fairly stable. The 
control variable−e.g. intake temperature or fuel ratio−is adjusted to achieve a certain combustion 
timing and the process will stay at that timing until something is changed. However, as the load 
limit is approached, the system is no longer open-loop stable. Figure 36 shows what happens 
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when the closed-loop control system is turned off at cycle zero for one stable and one unstable 
operating point. In the case of the stable operating point, the engine just keeps running with the 
same combustion timing. The experiment can be repeated and the same result is achieved. 
However, at the unstable operating point, combustion timing starts to change in one direction. 
Which direction it chooses is stochastic and if the experiment is repeated timing will sometimes 
advance till pre-ignition and sometimes retard till misfire.
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Figure 36 The combustion response to opening the 
loop several times in one stable and one unstable 
operating point. [12] 
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Figure 37 Mass-fraction hydrogen during a change of 
combustion timing set point at an unstable operating 
point. [12] 

Figure 37 gives further insight into the phenomenon. Here a step change at an unstable operating 
point is studied. The timing set point is advanced from 10° ATDC to 7° ATDC and to meet the 
requirement the controller starts to add more hydrogen. But once the timing is advanced, the 
combustion wants to go off even earlier and the controller must decrease the amount of hydrogen. 
Soon after the timing has been advanced, the engine uses less hydrogen than it did at the later 
timing! 
 
Probable Cause of Instability 
The main reason for this phenomenon is believed to be the interaction between combustion and 
wall temperature: Early ignition timing gives higher gas temperature, higher peak pressure and 
higher rate of pressure rise. This causes the heat losses to increase, thus heats up the walls. Also 
during intake and compression the gas exchanges heat with the wall and a higher wall 
temperature gives higher gas temperatures at the end of compression. 
 
At low and intermediate load these effects are weak and the gas close to the wall is cooler than 
the bulk gas, thus start of combustion occurs in the bulk and a change in wall temperature has a 
very modest effect on combustion timing. But at high load, when combustion is very rapid, 
cylinder walls heat up extensively and the heat transfer gets more sensitive to combustion timing. 
In this situation the cycle-to-cycle interaction is amplified and the process becomes unstable. 
 
At high load, when the walls are hot and intake temperature low, the gas near the wall, but 
outside the boundary layer, is hotter than the bulk gas. The reason is that the walls have heated 
this gas during intake and beginning of compression. The start of combustion could then move 
from the almost adiabatic bulk to the gases near the wall. The wall interaction now gets very 
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important for when ignition takes place. Figure 38 illustrates the difference between a stable and 
an unstable operating point. 
 
It should be noted that wall temperature is always lower than the ignition temperature, which is 
around 1000 K, but during intake and most of the compression the wall temperature is higher 
than the gas temperature. Therefore, near-wall gases could be hotter than bulk gases at high load.  
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Figure 38 A simplistic model of the difference between a stable and an unstable operating point. 

 
Characterization by Linear Approximations 
To more systematically investigate the non-linearities of the process, system identification is 
applied at different operating points. These experiments were performed on the Scania D12 
engine for the fuel combination of n-heptane and natural gas. 
 
When nothing else is stated, the different operating points are run with combustion timing typical 
for respectively load. Intake temperature is adjusted to use about 15% n-heptane, which is 
considered the best trade off between control authority and fuel usage. It would be impossible to 
run all operating points at the same settings. 
 
Plots of poles and zeros are one way to illustrate the system characteristics; Figure 47 shows an 
example of this. It turns out that the poles do not move much between operating points. The 
zeros, for fuel ratio, on the other hand move significantly between different operating points, but 
stays within the circle. The zeros for the process inputs not used for control−i.e., FuelMEP, intake 



 62

temperature and speed−are not always within the circle, but that should not be important since 
they are not used for control. Since the interesting process variations are connected to the fuel 
ratio, Bode plots from fuel ratio to CA50−i.e., the path used by the controller−are chosen to 
illustrate the process. 
 
Combustion timing is very important to control and it also has an impact on the process 
characteristics. Before the influence of load and speed can be studied, the impact of timing has to 
be known. Figure 39 to Figure 44 shows the influence of combustion timing at 1500 rpm and two 
different loads. Figure 41 can be suspected of error, it indicates immediate response and that does 
not appear physically correct. 
 
At the speeds 1000, 1500 and 2000 rpm one low-load operating point and one high load 
operating point is included. At 1500 rpm the effects of changed combustion timing and changed 
intake temperature are studied as well. All plots are on the same scale to facilitate comparisons 
between different situations. Figure 45 shows the operating points, in terms of speed and load, 
chosen for identification. Since many of the HCCI characteristics depends on the relative air-fuel 
ratio and the engine is turbocharged, λ is indicated as well. 
 
Figure 48 to Figure 53 show the magnitude bode plots from fuel ratio to CA50 for variations of 
speed and load. The left part shows the low loads at increasing speeds and the right part the 
higher loads. All six cylinders are included, but not identifiable, to illustrate the spread of the 
models. Some of this spread originates from true cylinder-to-cylinder variation and some is the 
result of the uncertainty of the identification. 
 
Another important variable is the intake temperature and again the 1500 rpm speed is used to 
investigate this effect. The use of n-heptane is increased, at the lower load from an average of 10 
- 15% to 25 – 27% by lowering the intake temperature from 155°C to 120°C. At the higher load 
the average use of n-heptane is increased from 9 – 13% to 18 – 19%, by lowering the intake 
temperature from 80°C to 50°C. The spans refer to the cylinder-to-cylinder variation. It is not 
possible, from these experiments, to distinguish between effects of lowered temperature or effects 
from higher baseline use of n-heptane. 
 
Discussion 
Dynamically the response appears to be faster at late timing and this could maybe be explained 
by the lower heat transfer at late timing. Lower heat transfer results in less wall interaction and 
some of the dynamic disappears or is weakened. 
 
The low frequency gain would be expected to be higher for late timing, and the fitted models for 
low load support this. For the high load all timings are later than at low load but an interesting 
phenomenon can be studied in Figure 46. The set point during the experiment is set to 12°ATDC 
and if the process was linear, variations should be symmetric around this angle. However, on the 
retarded side of the set point quite a few cycles deviate significantly, Figure 46. This is a clear 
indication of the non-linearity of the process at late timing. It could be argued that the disturbance 
amplitude used for the identification experiment was too large. 
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Figure 39 Bode magnitude plot from fuel ratio to 
CA50 at 1500 rpm, net IMEP 3 bar, CA50 -1°ATDC. 
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Figure 40 Bode magnitude plot from fuel ratio to 
CA50 at 1500 rpm, net IMEP 3 bar, CA50 3°ATDC. 
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Figure 41 Bode magnitude plot from fuel ratio to 
CA50 at 1500 rpm, net IMEP 3 bar, CA50 6°ATDC. 
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Figure 42 Bode magnitude plot from fuel ratio to 
CA50 at 1500 rpm, net IMEP 8 bar, CA50 7°ATDC. 
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Figure 43 Bode magnitude plot from fuel ratio to 
CA50 at 1500 rpm, net IMEP 8 bar, CA50 10°ATDC 
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Figure 44 Bode magnitude plot from fuel ratio to 
CA50 at 1500 rpm, net IMEP 8 bar, CA50 12°ATDC. 
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Figure 45 Operating points identified for comparison. Left graph shows load and right graph relative air-fuel ratio. 
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Figure 46 Raw CA50 data during excitation at 1500 
rpm, net IMEP 8 bar. The straight lines shows the set 
point of 12° ATDC. 
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Figure 47 Poles, x, and zeros, o, of the process from 
fuel ratio to CA50 at 2000 rpm, net IMEP 9 bar. 

 
In most of the graphs one of the cylinders distinguishes itself by a much slower response. This is 
cylinder 4 and the reason is not really known. When running the engine, cylinder 4 is most time 
using the lowest fraction of n-heptane. It could be that the compression ratio is somewhat higher 
for this cylinder, but no difference can be seen in the pressure trace when motoring the engine. 
Maybe cylinder four runs a little bit hotter for some reason. 
 
Comparing the plots with respect to speed no strong trends can be identified. This is to be 
expected since most of the phenomena in the engine are cycle related rather than time related. 
Heat transfer, controlling the interaction with the wall temperature, is a time-based process during 
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the cycle, but heat transfer more or less scales to engine speed. The kinetics controlling the onset 
of combustion are also time dependent and because of the complexity of these reactions, it is 
complicated to guess the effect of changed speed. Higher speed requires higher intake 
temperature or more n-heptane and that would probably be the cause if speed dependence could 
be proved.  
 
The only significant difference between Figure 48 to Figure 50 is the higher low frequency gain 
at 2000 rpm. Between Figure 51 to Figure 53 no real difference is seen. The high frequency 
behavior, close to the Nyquist frequency of 0.5 cycle-1, should not be paid too much attention. 
This regime is very difficult to accurately resolve.  
 
Comparing high and low load results in more differences. It is clear that both the dynamics of the 
process and the low frequency gain changes with load. 
 
The fitted models for lowered temperature can be studied in Figure 54 and Figure 55. These 
should be compared by the higher temperature used in Figure 49 and Figure 52. The Bode plots 
do not reveal any change in the process dynamics but the fact that the cylinder-to-cylinder span in 
n-heptane is decreased when temperature is lowered, indicates that the low frequency gain is 
higher for the lower temperature. 
 
In this characterization of the process no situations of open-loop instability are found. This is 
probably due to the limited load used for the experiments. Open-loop instability is shown in 
Paper 4, [12], and there experiments were performed at λ less than 2. For these tests the lowest λ 
used is about 2.2 and then the process is open-loop stable. At least for natural gas NOX emissions 
probably limits λ to values higher than those associated with open-loop instability. 

The Control System 
The controller is the process that generates the control inputs with the purpose of making the 
engine do what the operator wants. There exist three common types of controllers: PID 
controllers, transfer function controllers and state feedback controllers. In reality it is the 
procedure of synthesis that differs between the different types, they can all do the same things, 
except for some limitations of the PID controller. 
 
The most well known type of controller is the PID controller. It has three parts, proportional, 
integral and derivative, each associated with a gain. The advantage of the PID controller is its 
simplicity: it is possible to understand what each part of the controller does. Often the PID 
controller is tuned by some trial and error. The method of Ziegler-Nichols [63] can be used to get 
a crude setting of the controller. By looking at responses to reference step changes or changes in 
disturbances an experienced operator is able to tune the controller. The PID controller is the most 
used controller in the engine lab in Lund, both for combustion timing and other control tasks. In 
the chapter “The PID Controller” below is described in detail how this controller is implemented 
for the work behind this thesis. Note that the frequency method of Ziegler-Nichols cannot be 
recommended for the combustion timing of HCCI, it would be very easy to destroy the engine. 
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Figure 48 Bode magnitude plot from fuel ratio to 
CA50 at 1000 rpm, net IMEP 2 bar, CA50 at TDC. 
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Figure 49 Bode magnitude plot from fuel ratio to 
CA50 at 1500 rpm, net IMEP 3 bar, CA50 3°ATDC. 
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Figure 50 Bode magnitude plot from fuel ratio to 
CA50 at 2000 rpm, net IMEP 3 bar, CA50 3°ATDC. 
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Figure 51 Bode magnitude plot from fuel ratio to 
CA50 at 1000 rpm, net IMEP 5 bar, CA50 8°ATDC. 
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Figure 52 Bode magnitude plot from fuel ratio to 
CA50 at 1500 rpm, net IMEP 8 bar, CA50 10°ATDC. 
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Figure 53 Bode magnitude plot from fuel ratio to 
CA50 at 2000 rpm, net IMEP 9 bar, CA50 10°ATDC. 
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Figure 54 Bode magnitude plot from fuel ratio to 
CA50 at 1500 rpm, net IMEP 3 bar, CA50 3°ATDC 
and intake temperature lowered from 155°C to 120°C. 

 

10
−2

10
−110

−1

10
0

Frequency [Cycle−1]

M
ag

ni
tu

de

 
Figure 55 Bode magnitude plot from fuel ratio to 
CA50 at 1500 rpm, net IMEP 8 bar, CA50 10°ATDC 
and intake temperature lowered from 80°C to 50°C. 

 
A more general type of controller is described by a transfer function in the Laplace operator, s, 
for the frequency space or as rational functions in the shift operator, z, for the discrete space. The 
PID controller has only three design parameters, but the transfer function is unlimited in 
complexity. This means that it is sometimes possible to achieve better control performance using 
a transfer function controller instead of a PID controller. However, the higher complexity 
requires a more systematic design method. Pole placement or iterative adding of lead or lag 
compensations to achieve the desired open loop Bode diagram are two common methods of 
controller design used. No transfer function controllers have been used by the author within this 
work. 
 
State feedback controllers have the same flexibility, and complexity, as the transfer function 
controllers. The actual controller is only a gain matrix multiplied by the state vector to generate 
the vector of control inputs. In most cases the states cannot be measured directly, but an observer 
can be used to estimate the state vector. For simple processes with physically based states the 
state feedback controller has the same advantage as the PID controller: it is possible to develop 
an understanding of each controller parameter. Optimal controller design of a state feedback 
controller has been used for HCCI combustion control as a more systematic approach compared 
to the PID controller. The implementation of the state feedback controller is described in detail in 
the section “The LQG Controller” below. 

The Real Time System 
The data acquisition system, the fuel system, the heaters and how they are actuated are described 
in the chapter “Engine and test setup”. This section will discuss how the closed-loop control 
program works and interacts with these systems. During the years of this work the computer 
program for controlling the engine has undergone some development. This section describes the 
program of the state of the fall 2003, with gain scheduled PID control. Please refer to the papers 
for details on how the program worked during the different studies. 
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Overview 
The controlling computer interfaces with the engine system through a fast sampling A/D-
converter for the cylinder pressure traces, a multifunction card for sampling of inlet conditions 
and control of heat power and a device actuating the injectors. For the single cylinder engine the 
multifunction card is used for all data sampling. 
 
The user interface allows manual control of injection as well as closed-loop control. The closed-
loop control can be turned on individually for each cylinder for combustion timing and 
subsequently for load. The user is continuously updated with pressure curves and values for 
mixing rates of fuels, total amounts of fuel, the angle of 50% heat release, CA50, and the net 
IMEP. Inlet conditions and engine speed are also displayed. Figure 56 shows a screen snapshot 
when the multi cylinder engine is operated with closed loop control at 5 bar net IMEP and 980 
rpm. 
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Figure 56 An example of what the screen can look like when running closed-loop control of the multi cylinder 
engine. 
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Data Flow 
The data flow and the layout of the real time program is illustrated in Figure 57. Circular buffers 
are drawn as boxes with a gray part symbolizing the data in the buffer. The threads are numbered 
1 to 4 and are symbolized by loop shaped arrows. 
 
During operation, the A/D-converters sample data and transfer it to a driver controlled First In 
First Out (FIFO) buffer. The Wavebook driver-buffer is emptied by thread 1 on a time base 
selected as a fraction of the current cycle time of the engine. The NI driver buffer is emptied by 
the event driven thread 2. The driver for the NI card, NI-DAQ, supports the generation of an 
event each n:th data sample, making it possible to empty the buffer when there is enough data for 
a new cycle to be analyzed. The threads 1 and 2 move the data to new circular buffers. To each of 
these buffers an event is associated. The event is triggered when enough data for a cycle to be 
analyzed is available in that buffer. 
 
The calculation thread, number 3, waits for the two buffer events and then empties the two 
buffers. If more than one cycle is available, old cycles are thrown away and the latest complete 
cycle is used for control and screen updating. As it turns out, for the Scania D12 engine the 
computer most often makes the calculations faster than data is generated, and consequently 
normally all cycles are analyzed. In the SVC engine that can operate at much higher speed, it is 
common that only every second or third cycle is analyzed. 
 
It is found that it is not the PC or the Windows operating system that is limiting the sample rate 
of the controller, but the Wavebook driver. The data throughput for the Wavebook is very good, 
but at high engine speeds, and sample rates, the driver sends over the data in too big packages. 
 
When one complete cycle is available for the cylinder in turn to be controlled, the engine status is 
calculated for that particular cylinder and cycle. The engine status contains data such as engine 
speed, inlet temperature, inlet pressure, amount of injected fuel, CA50, and IMEP. This data is 
used for the control algorithm. 
 
The control algorithm receives the engine status data as input. The control starts by checking for 
alarms. Alarms are set in the engine status and can be caused by excessively high maximum 
pressure or pressure-rise rate or an unexpectedly low heat release. If alarm levels are reached, 
injection will be turned off to avoid damaging the engine. 
 
After going through the alarms, the closed loop control is performed for timing and net IMEP for 
each cylinder and also for inlet temperature as specified by the user. As soon as new control 
inputs are calculated, these are sent to the actuating devices. 
 
In the program there are three more threads for saving, not shown in Figure 57. These threads are 
sleeping unless data is to be saved. The threads 1 to 3 starts to send data to buffers dedicated for 
saving and the corresponding threads are then woken up. However, that part is not important for 
the control but it does increase the load on the PC. 
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Figure 58 below illustrates the most important parts of the data flow from a device point of view. 
Sensors on the engine are sampled by two A/D converters connected to the PC. The PC makes all 
the calculations and schedules control over injectors, heaters and valves through actuators. 
 
The system described above is valid both for the Scania D12 engine and the SVC engine. The 
system for the single cylinder Volvo TD100 engine is somewhat simpler. The PCI 6052E card is 
then used also for sampling the cylinder pressure and thus only one A/D converter is used. 
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Figure 57 A schematic view of the most important threads and buffers in the real time system. 
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Figure 58 A schematic view of the data flow. 

Real-Time Constraints 
Most of the controller limitations are already commented above. Some of the more important 
ones will be reviewed in this section. 
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Time delays 
As the A/D converters acquire data, these data are temporarily stored in buffers. In the case of the 
Wavebook 516 there is an onboard buffer and also a driver-managed RAM buffer on the PC. The 
size of the on-board buffer is 64 kB, which is equivalent to just above 9 cycles, at a data rate of 5 
samples per CAD. There is no way to directly assess the amount of data in this buffer, but 
checking package size when data is received, suggests that much less than half the buffer is 
actually used. 
 
The National Instruments PCI 6052E card has a more flexible buffer controller. It only uses PC 
RAM for buffering and it can provide a Windows Event for every n:th data point sampled. This is 
very useful to get the data just when the last sample of interest is acquired. Unfortunately the PCI 
6052E has no simultaneous sample-and-hold circuitry and it also has insufficient data throughput 
for cylinder pressure sampling in multi cylinder applications. 
 
Once the data is moved into the calculation thread it is processed very rapidly and new settings 
for the injectors are calculated. In the ideal case, calculations from cycle k would affect the 
injected fuel for cycle k+1. This should be possible to achieve, but the system is not quite there 
yet. Figure 59 shows the crank-angle interval used for calculations today. The figure also shows 
when injection starts for the present cycle, when it starts for the next cycle and which crank angle 
interval is used for the heat release analysis. Only a small part of the cycle is used for heat release 
analysis, a part of the compression is used for pegging the cylinder pressure offset and all the rest 
is used only for the IMEP calculation. It should be possible to develop another algorithm for the 
IMEP calculation that could make an accurate estimate of the IMEP, without using data from 
crank angles later than the end of heat release calculation. 
 
By optimizing the buffer management and the controller communications and changing the 
algorithms for the IMEP calculation it should be possible to get a crank angle window for 
calculations of about 250° and reach the desired goal of cycle k affecting the injection for cycle 
k+1. 
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Figure 59 An illustration of the time constraints coupled to calculations and injection events. 

The constraints are summarized in Table 11 for the current system and for an ideal system. For a 
dedicated real-time system the shortest time in the table, 8 ms, is comparably long. The real-time 
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characteristics for HCCI control is a high load in terms of the number of calculations and the 
amount of data that is shuffled around by the program. However, the time windows are long 
compared to the operation of a computer, therefore extremely fast response on interrupts or 
optimized thread handling is not required. 
 
The author has used Windows 98 and Windows XP for this work. These operating systems are 
not ideal for real-time problems, but have the advantage of low price and a great selection of 
hardware and programming tools. Windows 98, used for the Scania D12 and the Volvo TD100 
engines, does not feature preemptive scheduling and is therefore really poor in terms of worst-
case response time. Windows NT, and the same is assumed to be true for Windows XP, is better 
since it does feature preemptive scheduling and uses priority-based multitasking [47]. However, 
none of the operating systems use priority inheritance. 
 
For the current system on the Scania D12 engine with a maximum speed of 2000 rpm, Windows 
98 has shown to have good enough performance. When checked, the dead-line has been met for 
most cycles and it is not clear whether it is the PC and the operating system that limits the 
performance, or if it is the Wavebook buffer management. Since the controller is tuned to work 
with the 2 cycles delay an extra cycle of delay that appears with low frequency is not too 
detrimental. 
 
For the improved system however, especially for smaller engines that operate at high speed, the 
time available is smaller and deadlines might be missed even by the Windows XP system. 
Obenland et al. [48] benchmarked an NT system in 1999 and for a system with high load the 
average response time to an interrupt was 86 µs, several order of magnitudes better than needed. 
The worst-case response time however, was 12 ms and highly dependant on the system load. 
 
It is unknown to the author how the development of the operating systems and the performance 
increase of PCs affect the real-time performance. If the method for calculating the engine status 
based on less data is implemented to reduce the delay from two to one cycles the performance has 
to be tested on the system. To fully utilize the shorter delay a less conservative controller should 
be used and the effect of a missed deadline could then be serious. Probably a Windows operating 
system will satisfy the requirements if the buffer management of the A/D converters can be 
solved satisfactorily. 
Table 11 Time available from the last needed pressure sample to 
change of control input. 

 2000 rpm 5000 rpm 
Current System 
Delay of 2 cycles 

60 ms 24 ms 

Ideal System, 250° window 
Delay of 1 cycle 

21 ms 8 ms 

 
In Figure 59 and in the discussion above, it is assumed that SOI occurs at gas exchange TDC. 
The crank angle of SOI has an impact both on the real-time constraints and the process. If SOI is 
delayed it means that more time is available for the real-time system. If the complete injection 
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event takes place during the intake stroke, ~ -360 - -180°ATDC, then a change of injection 
duration has a strong immediate effect. If injection continues after IVC and SOI is not changed, 
then the amount of fuel taken in during that intake stroke is not affected by the duration of that 
injection event, only the pool of fuel is affected. 

The PID Controller 
The closed loop control system was developed with a PID controller during the year 2000. The 
main intention is to show how cylinder pressure can be used as a feedback signal for a closed 
loop combustion control system. However, the system is also very useful to study other 
phenomena, since it can be used as a tool to produce very repeatable measurements. 
 
Combustion timing control, load control and intake temperature control all use the same PID 
controller, but with different parameters. The implementation of the controller is discrete and it is 
updated once per engine cycle or less if the computer does not keep up with the engine. This 
means that the controller is not feasible for systems that need updating with a higher frequency, 
but for temperature control it is fast enough and for the combustion control a higher sample rate 
is impossible. 
 
The controller receives the time stamp of the sample as input and thereby it can be used both for 
time-based control and cycle-based control. Time-based control is preferred for processes that 
operate in the time domain and do not change their behavior with engine speed−e.g., the intake 
air heating. Cycle-based control is preferred for processes that scale with engine speed−e.g., 
combustion that occurs once every cycle. A consequence of this implementation is that the 
controller operates with varying sample rate. 
 
Figure 60 shows a schematic over the controller as it is implemented. P, I, DSP and DPV are 
respectively the proportional, the integral, the set point derivative and the process value 
derivative gains. LPF are first order low pass Butterworth filters. The feedback loop therefore has 
four different gains and two cut-off frequencies as parameters−i.e., a total of 6 degrees of 
freedom to tune the control action. 
 
Temperature control and load control are very straightforward. The controllers operate with 
constant gains and for the temperature control a feed-forward term is added. When heating the air 
the feed-forward part consists of a static part, calculated as the heating power needed if the 
engine had 100% volumetric efficiency, and a dynamic part calculated as the derivative of the 
low-pass filtered temperature reference. When the intake air is cooled the feed forward part is 
static only, since the valves are fast and not much material needs to change temperature. 
 
For the combustion timing control the PID controller uses the sensitivity estimate discussed 
above in the section “Process Characteristics”. The four gains are all divided by the estimated 
sensitivity, based on the measured values of the last sampled cycle. 

PID Controller Performance 
After the control system was designed, its performance was evaluated on the Scania D12 engine 
and the results are reported in Paper 2, [10]. Further development has been done since then, but 
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the performance has not been assessed again. This section will give a brief overview of the 
performance as in Paper 2, [10]. 
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Figure 60 The layout of the PID controller used to control combustion timing, load and intake temperature. 

A characteristic of a control system is its response to a step change of the set point. However, not 
very important in practice, it tells a lot about the system’s ability to follow a changing reference. 
In Figure 61 a step change in combustion-timing set point is illustrated. A delay, of about 4 to 5 
cycles, from the change in set point until something actually happens to the combustion is 
apparent. This delay is the sum of the delays in data buffers and communication. Although these 
properties have been somewhat improved since 2001, the delay still is a problem. 
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Figure 61 Step change in combustion timing set point 
from 2° ATDC to 8° ATDC. [10] 
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Figure 62 Ramp change of the load set point from 6 
bar to 3 bar net IMEP. 

At the time when these results were created, a complete cycle for all cylinders had to be available 
before computation started. This is responsible for a delay of approximately 1 cycle, but is now 
improved and no longer present. The injector communication was also limited to one fuel system 
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per cycle. That means that it actually took two cycles to get a change through for both fuels, this 
is also corrected in the current system. More difficult to improve is the on-board data buffer on 
the IOtech Wavebook. The drivers for this unit do not allow detailed buffer management, but 
decides on its own when to send the data to the PC. Fortunately the amount of data in that buffer 
normally does not appear to be very big, but this is very hard to estimate. 
 
Figure 61 also shows that the load is held constant through the timing change. However two 
cycles show significantly lower IMEP than the other ones, and this is probably due to the 
communication problem discussed in the section “Fuel injection and heater actuation” above. 
 
Figure 62 shows a ramp change of the load set point. Apparent from this graph is the problem to 
keep combustion timing constant. In fact the bandwidth of the load controller has to be limited 
because of the timing controller. It would be very easy to quickly change the load by changing 
the amount of fuel, but unfortunately that would cause combustion timing to go completely out of 
control.  
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speed ramp. 

Another important feature of an engine controller is how it manages a change in speed. Figure 63 
illustrates a speed ramp from 2000 rpm to 1000 rpm. The load controller shows very good 
performance, but the timing controller experiences problems at the lower speed, probably 
because the relative change in speed is higher in this region. Comparing to Figure 64 where the 
ramp starts at the low speed, the timing controller again has problems at the lower speed. 

The LQG Controller 
An LQG controller is a state-feedback controller and LQG refers only to the method of designing 
the controller. So far the state feedback controller, and the LQG design method, has been applied 
to the SVC engine only. This work is described in Paper 9, [17]. 
 
The implementation of the state feedback controller and the means of providing anti-windup and 
bump-less transfer follow that suggested by Åström & Wittenmark [64]. An estimated state 
vector, x, represents the states of the process described by a black-box model. The black-box 
model is created by system identification and the state space structure, Eq. 41, is used. The 
controller structure, Eq. 47, is very similar to the state space representation of the process. 
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The first part of Eq. 47 is basically an observer for the states of the process. A Kalman filter is 
used to estimate the process states from the measured process output, y, and the control input, u. 
Since the controller itself generates the control input, the matrix F is modified by the gain vector 
C to implicitly include the control input. The second part of Eq. 47 contains the actual controller. 
The gain vectors, C and D, are multiplied by the state vector and process outputs to determine the 
control input. 
 
As above u is the control variable and y is the process output. To handle saturation of the control 
variable and to provide bump-less transfer is basically the same problem: the control signal is 
different from what the controller suggests. To cope with this the first part of Eq. 47 is changed, 
using an observer matrix K that compensates for the difference in the control variable. Updating 
of the states are done according to Eq. 48: 

kkOkOk KuyGxFx ++=+1  (Eq. 48) 
FO and GO are calculated according to Eq. 49 and Eq. 50: 

KCFFO −=  (Eq. 49) 
KDGGO −=  (Eq. 50) 

 
The use of the controller is divided in three steps. First the second part of Eq. 47 is used to 
calculate a control input. This is checked for saturation before it is sent to the injector controller 
in the second step. In the third step Eq. 48 is used to update the states of the controller. 
 
A limitation to the current implementation of the state feedback controller is that there are 
currently no means of gain scheduling supplied. This means that the control of the engine cannot 
benefit from system identifications performed at different operating points. This problem has to 
be solved to achieve the full performance potential of the controller. 
 
One way of using different process models is to design one controller for each model. As the 
engine runs all the controllers are run all the time and the control signal used is a weighted 
average of the control signal suggested by the different controllers. The weighting is then a 
function of operating point of the engine. This method is applicable if only a low number of 
controllers are needed. 
 
The LQG designed controller is an optimal controller. This however, does not necessarily mean 
that the controller is giving the best possible performance. The controller is designed to minimize 
a loss function J, Eq. 51: 

{ }uQuuQxxQxEJ TTT
2121 2 ++=  (Eq. 51) 

E refers to the expectation value, Q1, Q12 and Q2 are weight matrixes. Note that by choosing Q1 
equal to CTC in Eq. 51, then xTQ1x is actually y2. Q2 is used to weigh the control effort against the 
state error. Q12 puts a weight on the covariance of the control error and control signal, note that 
this covariance very well can be negative. The controller is optimal in the sense that it minimizes 
the loss function. 
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The design of the LQG controller is done in Matlab . The function kalman is used to get the 
best observer for the process. Both the process model and the observer process are extended with 
one state holding the integrated error. The C matrix of the process model is changed so that a part 
of the integrated error is added to the output as well. The function lqry is used to design the 
state feedback vector and the function lqgreg uses the state feedback vector and the observer 
process to put together a controller of the form in Eq. 47 above. The observer matrix K must be 
chosen so that the new system, Eq. 48, is stable, i.e., FO must have its eigenvalues inside the unit 
disc. This turned out to require a somewhat manual procedure including some trial and error. 
 
If a process model including the response to other inputs than the control variable−e.g., speed or 
load−is available, it is favorable to include these for feed forward. When using lqgreg this can 
be done automatically. The controller for the SVC engine uses speed, compression ratio and load 
for feed forward. These variables are then added to the process output vector and the G and D 
matrixes of Eq. 47 are changed correspondingly. 
 
The reason for adding the integrated error is that the LQG method otherwise will not create a 
controller with an integral part, needed for elimination of steady-state errors. Q1 is selected as 
CTC as suggested above and Q12 is not used, i.e., it is set to zero. The loss function can then be 
rewritten, as in Eq. 52. ∆CA50 is the control error and Throttle is the position of the mixing 
throttle for temperature control. This method has two design parameters: the weight on the 
control signal, qT, and the fraction of the integrated error that is included in the output, qI. By 
changing these two parameters the characteristics of the controller can be altered. 
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LQG Controller Performance 
Here the LQG controller will be compared to the PID controller, on the SVC engine. On this 
engine the PID controller is not gain scheduled. The controllers perform very similar, but the 
LQG controller was designed in Matlab  and then implemented in the engine control system 
without any iteration. This illustrates the strength of a systematic design method, but probably the 
LQG controller would benefit from one or two iterations.  
 
Two things are important to remember when comparing the two controllers: 

1. The system order is low, ≈3, this means that the state feedback controller and the PID 
controller have similar orders. 

2. The controllers are not gain scheduled. The PID controller is iteratively tuned at different 
operating points and the LQG controller is based on a model that approximates data from 
different operating points. It can therefore be expected that gain scheduled controllers 
would perform better. 

 
Response to a step change on the reference is not very realistic for normal operation but reveals 
information about how the system manages to follow changes in the reference. Steps in CA50 
reference are shown in Figure 65 for both the PID and state feedback CA50 controller for one 
engine cylinder. The response time, defined as the time from change of set point to when the 
output has changed 63%, for the largest step is 8 engine cycles for the state feedback controller, 
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while the PID has a response time of 15 engine cycles. This is however quite hard to compare 
since the throttles are more opened at the start of the test for the PID case, which means that the 
inlet air is hotter. A more opened throttle has less influence on the inlet air flow and needs to be 
changed even faster than the more closed throttle for the state feedback case. Both controllers 
behave well in this case, but the state feedback is faster. 
 
Also interesting to study is how the controller affects the output noise when disturbances are not 
present. Figure 66 and Figure 67 show this for two different operating points. No significant 
difference between the controllers can be found in any of the two plots. In both cases the 
controllers add rather than remove noise. 
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Figure 65 Reference and measured output during a 
step change, 2000 rpm and 2 bar BMEP. In the top 
graph the throttle position for the PID controller is the 
higher one. 
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Figure 66 Spectrum plot of CA50 without any 
external disturbance, 2000 rpm 2 bar BMEP. 

0 0.1 0.2 0.3 0.4 0.5
0

0.5

1

1.5

2

Frequency (1/cycle)

C
A

50
 V

ar
ia

tio
n 

(C
A

D
)

Open Loop
PID
LQG

 
Figure 67 Spectrum plot of CA50 without any 
external disturbance, 2500 rpm, 2.9 bar BMEP. 

 
To test the disturbance rejection performance of the two controllers engine speed, load and CR 
are exited using a PRBS disturbance. The amplitudes of the disturbances are the same as used for 
system identification in each operating point. Figure 68 and Figure 69 show 100 cycles of raw 
data without and with the disturbance. 
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Figure 68 Raw process output without external 
disturbance, 2000 rpm, 2 bar BMEP. 
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Figure 69 Raw process output with external 
disturbance, 2000 rpm, 2 bar BMEP. 

 
It is obvious from the raw data figures that the variations of CA50 increase when disturbances are 
added. However, it is not easy to compare the two controllers only by looking at raw data. Figure 
70 and Figure 71 compare the two controllers in terms of the output variation as function of 
frequency for two different operating points. No significant difference can be noted between the 
two controllers. 
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Figure 70 Spectrum of CA50 with external 
disturbances, 2000 rpm, 2 bar BMEP. 
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Figure 71 Spectrum of CA50 with external 
disturbances, 2500 rpm, 2.9 bar BMEP. 

 
Also interesting when disturbing the system is the auto correlation of CA50. It does not show the 
magnitude of the controller error, but gives an indication of how fast the error is removed by the 
controller and if the system is well damped. Just as the figures above indicate the two controllers 
appear to be equally fast when compared in Figure 72 and Figure 73. In one of the cases, the PID 
controller induces some ringing, which indicates a poorly damped system for this operating 
condition. 
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Figure 72 Auto correlation coefficient of CA50 with 
external disturbance, 2000 rpm, 2 bar BMEP. 
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Figure 73 Auto Correlation coefficient of CA50 with 
external disturbance, 2500 rpm, 2.9 bar BMEP. 

 
Of the variables excited in the disturbance rejection test the compression ratio has the strongest 
impact on combustion timing. Figure 74 and Figure 75 show the magnitude part of the Bode plot 
for compression ratio to CA50 for the closed loop system at two operating conditions. Also here 
the differences between the two controllers are very small. Both controllers remove the error for 
low frequencies. To create these plots a black box model had to be fitted to the closed-loop 
system. It is interesting to note that in order to capture the low frequency behavior, the fitted 
models needed very high order. The difference between the PID and the LQG controller for the 
lowest frequencies in Figure 74 is believed to originate from an error in the fitted model, due to 
lack of data for very low frequencies. 
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Figure 74 Magnitude Bode plot of compression ratio 
to CA50 for the closed-loop system, 2000 rpm, 2 bar 
BMEP. 
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Figure 75 Magnitude Bode plot of compression ratio 
to CA50 for the closed-loop system, 2500 rpm, 2.9 
bar BMEP. 

 
Discussion 
In the comparison between the two controller types no big differences are found. This is actually 
not surprising since there is no real difference between a PID controller and a low order state 
feedback controller. The LQG design method is more systematic and the resulting performance is 
not depending of the hand-on operating experience needed to tune a PID controller for a 
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nonlinear process. By including some means to compensate for the variations of the process 
characteristics and do some further tuning of the LQG design parameters, it is believed that the 
LQG design method will result in a better controller, compared to the PID approach. 
 
Another possibility of improvement of the LQG controller is the noise description used in the 
black box model. When fitting the models it is assumed that the measurement is very accurate 
and most of the noise originates from the process itself. Maybe this is not the best assumption and 
better performance could perhaps be obtained by a more accurate noise model. 

Future work 
The scope of this work could be very wide. It includes control algorithms for HCCI, operation of 
multi cylinder engines and engine systems with turbo charger and intake charge air cooling and 
heating and it includes measuring techniques to achieve the necessary feedback signal. There is 
no chance to completely cover all of this, but the work has to be focused on a few important 
parts. This section is intended only to give an overview of work that could, and maybe should, be 
done. It does not mean that this work is in the pipeline for the near future or even planned to be 
performed at the Lund Institute of Technology. 
 
Currently highly accurate water-cooled piezo-electric pressure sensors are used. These are 
excellent in the laboratory, but are too expensive and have too short lifetime to be practical for a 
production engine. Several companies are working on developing pressure sensors feasible for 
production engines−e.g., [41, 42, 43]. This work is mainly driven by the potential improvements 
in SI and DICI engines, but can of course be used in HCCI as well. An important task is to define 
what quality is needed of the cylinder pressure sensor to allow accurate control of the HCCI 
engine. 
 
HCCI obviously has the potential of reducing pumping losses at low load in SI engines, but at 
high load it suffers from pumping losses because of the high amount of dilution needed. It is 
therefore important to develop a clever boost management system, based on turbo charging, that 
is able to supply full boost over the entire speed range of the engine. It is also important to 
prevent over boost at high speed and low load. Maybe the biggest challenge in this is to maintain 
high turbo-efficiency and minimize pumping losses in the full operating range of the engine. 
Maybe the use of a short route EGR system could be a useful tool. 
 
It is demonstrated, in the single cylinder engine, that a fuel system using natural gas and reformed 
natural gas could potentially be attractive. Combined with charge-air heating it should be able to 
provide the operating range and transient performance needed for stationary gen-sets and maybe 
marine applications. It would be nice to demonstrate this capability with an online reformer. 
 
Very little work has so far been done with oxidation catalysts to treat the exhaust from an HCCI 
engine. The potential has been shown, [40, 57], but a fully functional catalyst has not yet been 
demonstrated on a full size engine. 
 
The development of a physically based model for control purposes would be very beneficial. It 
would add to the understanding of the process and would serve as an excellent starting point for 
the further development of controllers for HCCI. One attractive path to controller design is to 
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include some kind of adaptivity. However, a linear model, or controller, will have to be 
parameterized with respect to operating points. The set of independent variables used for the 
parameterization needs to be minimized to avoid huge complexity in the system. But if it is 
incomplete an adaptive updating of the model, or controller, could be dangerous. A physical 
process model could help in selecting the independent variables for a parameterization. 
 
Another tempting approach would be to reduce the complexity of the physical model by building 
a gray-box model−i.e., a model based on some physics and some system identification. It is 
important for the controller design not only to have valid models, but also models that are 
possible to analyze. 

Summary 
It is a well-established opinion that HCCI offers the potential of low NOX emissions, comparable 
to the levels after a three-way catalyst, combined with high efficiency, comparable to the 
efficiency of the direct-injected Diesel engine. The explanation for this is that the engine operates 
with a highly diluted mixture, limiting the combustion temperature below the temperature where 
NOX formation is fast. The engine also controls load by changing the mixture quality, rather than 
throttling the air, thus avoiding throttle losses. The rapid combustion of HCCI also has a potential 
of getting closer to the ideal Otto cycle with constant volume combustion. 
 
Compared to a Diesel engine, from an efficiency standpoint, the advantage of HCCI is the rapid 
combustion and the potentially higher chemical availability. The drawbacks are the lower 
combustion efficiency, the higher pumping losses at high load and the lower power density, 
resulting in lower mechanical efficiency. It is the author’s opinion that beating the efficiency of 
the Diesel engine will be a very challenging task for the HCCI engine. 
 
Important for the control system is the control input variable. A lot of different variables are 
available, more or less practical: Intake air heating, mixing of fuels, variable compression ratio, 
variable valve train or stratified charge. A combination of intake air heating and mixing of fuels 
is selected here because it is easy to implement in the laboratory and works well to demonstrate 
much of the behavior and features of the HCCI process. The combination of natural gas and 
hydrogen, where hydrogen would be produced on-line by reforming of natural gas, has the 
potential of a commercial solution in some applications. 
 
Power density−i.e., load−can be increased by turbo charging the HCCI engine. The turbine needs 
to be selected significantly smaller, compared to a similar size DICI or SI engine, in order to 
extract enough work from the colder exhaust. 16 bar BMEP is demonstrated, which is 
comparable to Diesel engines, unfortunately the pumping losses at this operating point are severe. 
Because of the low exhaust gas temperature a higher pressure-drop is needed over the turbine. 
The higher pressure-drop is directly reflected in a high backpressure and pumping losses. 
 
Compression ratio has a big impact on many parameters. Classically, high compression ratio is 
known to improve efficiency according to the perfect Otto cycle. In practice the causal 
dependencies are a lot more complicated: high compression ratio increases heat losses, blow by 
flow and indirectly friction losses. It is shown that the compression ratio only has a small impact 
on the pressure-rise rate. Surprisingly, the higher compression ratio results in lower NOX 
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emissions for a given load at a given boost. Since boost is very expensive in an HCCI engine, the 
conclusion is that the compression ratio should be as high as possible, without sacrificing control 
authority, to minimize the need of boost at peak load. 
 
The onset of HCCI combustion lacks a direct means of control. Instead indirect controls, based 
on preparing the charge in the inlet, have to be utilized. In order to ensure proper operation of the 
engine, some kind of closed-loop control is almost mandatory. It is shown that at higher loads the 
process is open-loop unstable and at these conditions it is impossible to operate the engine from 
look-up tables only. Cylinder pressure provides excellent feedback data for this necessary closed-
loop control, but other methods are possible, for example ion-current sensing. 
 
Systematic design methods, for example LQG, based on system identification and black box 
modeling is a promising approach for controlling HCCI. More work needs to be done to 
characterize process variations, but it is shown that a well-designed state-feedback controller is 
fairly robust against process changes. 
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Appendix A 

Algorithm for calculating λ and brake specific emisisons of HC, CO 
and NOX 
Indata are the two fuel flows, 1,fm&  and 2,fm& , brake power, P, wet concentrations of methane 
equivalent HC, xHC,CH4, and NOX ,xNOx, and dry concentrations of CO, xCO,dry, CO2, xCO2,dry, and 
O2, xO2,dry. SI units are used everywhere, except where otherwise stated and concentrations are 
given in parts−e.g., 1% is 0.01. 
 
Since two fuels are used the effective carbon content, a, hydrogen content, b, oxygen content, c, 
and molecular weight, Mf, has to be calculated for the generic fuel CaHbOc. Carbon content is 
calculated according to Eq. A1, hydrogen and oxygen content are calculated in the same way. 
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=  (Eq. A1) 

Molar mass of the fuel is calculated using the elementary molar masses of carbon, hydrogen and 
oxygen, according to Eq. A2. 

OHCf McMbMaM ⋅+⋅+⋅=  (Eq. A2) 
Molar masses for all species in the exhaust are calculated in a similar manner. It is assumed that 
all HC has the same composition as the fuel and it is assumed that all NOX is NO2. Since HC is 
given as methane equivalent, but the assumption is that it has the same composition as the fuel, 
HC conentration is corrected according to Eq. A3. 
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Water concentration is estimated using Eq. A4, K has the value of 3.5. 
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Wet concentrations of O2, CO and CO2 are calculated according to Eq. A5. 
( ) dryOH xxx 21−=  (Eq. A5) 

Concentration of hydrogen is estimated using an assumption of chemical equilibrium at some 
temperature around 1000 K, Eq. A6. (The same assumption is used in Eq. A4). 
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Nitrogen is assumed to be what is left, and is calculated according to Eq. A7. 
( )22222 1 HNOxHCOHCOCOON xxxxxxxx ++++++−=  (Eq. A7) 

Lambda is calculated using the assumption that all NOX is NO2, according to Eq. A8. 
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The stoichiometric air fuel ratio, 
SF

A






 , is calculated according to Eq. A9. 
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Molar mass of the exhaust is calculated according to Eq. A10. 
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Brake specific emissions are calculated according to Eq. A11, Eq. A12 and Eq. A13. 
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Review of papers 

Paper 1 
Experiments and Simulations of a Six-Cylinder Homogeneous Charge Compression 
Ignition (HCCI) Engine 
 
This paper demonstrates the possibility to operate a multi-cylinder engine in HCCI mode. These 
experiments are all open loop and in most cases all cylinders receive the same fuel mixture. The 
fuel is a blend of n-heptane and isooctane in most cases and n-heptane and gasoline, RON 98, in 
some cases. 
 
The paper provides a baseline for further tests of this engine, including data of brake efficiency 
and brake specific emissions. The strong dependence of emissions on intake temperature and 
combustion timing is shown. It is also shown how numerical models can predict the performance 
of the engine. These take the heat release as input, rather than predicting it. The author ran all the 
experiments and evaluated the experimental results. The author also wrote the parts of the paper 
describing and discussing the experimental results.  

Paper 2 
Closed Loop Control of an HCCI Engine 
 
This paper presents a strategy for a closed-loop combustion control system for a multi-cylinder 
turbo-charged HCCI engine. The fuel is a blend of n-heptane and isooctane. 
 
The paper demonstrates how cylinder pressure data can be used as feedback for a closed-loop 
control system. The crank angle of 50% accumulated heat release and net IMEP is calculated in 
real time and the mixing ratio between the two fuels is used to control combustion timing. 
Controller performance is shown. The author ran the experiments, evaluated the results and wrote 
the paper, all jointly with the second author of the paper. 
 

Paper 3 
A Turbo Charged Dual Fuel HCCI Engine 
 
This paper shows how the closed-loop control system can be used to obtain high loads from a 
turbo-charged HCCI engine. The fuel is a blend of n-heptane and ethanol. 
 
The paper demonstrates 16 bar BMEP with ultra low NOX emissions and discusses the problem 
of high exhaust back pressure when turbo charging an engine with low exhaust gas temperature. 
The engine is operated without charge air heaters and it is shown how combustion efficiency 
deteriorates at low loads when the intake temperature is too low. The author ran the experiments 
and evaluated the results in cooperation with the third author of the paper. The author and the 
second author of the paper jointly wrote the text. 



 91

 

Paper 4 
Compression Ratio Influence on Maximum Load of a Natural Gas Fueled HCCI Engine 
 
This paper discusses the possibility to use natural gas and reformed natural gas to control 
combustion timing. It investigates the load limiting factors and how these are affected by 
compression ratio. The paper also discusses the phenomenon of unstable operating conditions. 
 
It is shown that hydrogen, which could be produced by reforming natural gas, can be used as an 
ignition improver for the rapid cycle to cycle control, but that it needs to be complemented by a 
stronger control variable−e.g., intake heating. It is shown that NOX emissions often are load 
limiting for HCCI engines fueled with natural gas. The conclusion is that the compression ratio 
should be selected as high as possible, to minimize the boost needed to control NOX at peak load, 
but without sacrificing control authority at high load. This conclusion is valid for NOX-limited 
systems. The author and the second author of the paper jointly ran the experiments and evaluated 
the experimental results. The author wrote the paper except for the section describing the 
simulation system. The author did not do the simulations. 
 

Paper 5 
The Effect of Cooled EGR on Emissions and Performance of a Turbocharged HCCI Engine 
 
This paper discusses how the HCCI engine reacts to different EGR ratios under different 
conditions. The main advantage of EGR that was identified was the reduced emissions or HC, 
NOX and often also CO. Because of recycling of exhaust the net flow through the engine is 
lowered and since the emissions concentrations are only marginally affected, the brake specific 
emissions are reduced.  
 
The expected effect of slower combustion compared to lean operation could not be found. 
However, the engine could not be operated very close to stoichiometric air-fuel ratio and it is 
possible that a stronger effect on rate of combustion would be found if this was possible. EGR 
always introduces the problem of how to redirect the exhaust and how to get rid of the condensed 
water. The solutions used in this study did generate some pressure drop, which is fatal for the 
turbo charging. 
 
The author ran the experiments together with authors number two and three of the paper. The 
author did the analysis with support from the second author of the paper and wrote the paper. 

Paper 6 
Closed Loop Combustion Control – the Key to High Load HCCI 
 
This is mainly a review paper of the importance of closed-loop combustion control for HCCI at 
high load. The basic layout and performance of a gain scheduled PID control system is described. 
The phenomena of unstable operation is illustrated and explained. Different constraints limiting 
the high load operation of HCCI are discussed with respect to how they are affected by 
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combustion timing. The conclusion is that the only way to fully utilize the potential of HCCI and 
keep fuel consumption and emissions to a minimum is to apply closed-loop combustion control. 
No experiments or simulations were made specifically for this paper. The author wrote the paper 
with support from the other authors of the paper. 
 

Paper 7 
Boosting for High Load HCCI 
 
This paper discusses different boosting approaches and their effect on thermal efficiency. Most of 
the data originates from a simple cycle simulation in Matlab , written by the author. Both 
mechanical supercharging and different turbo-charging configurations are discussed. The 
importance of high turbo charger efficiency is stressed and it is shown that in most applications 
the load of HCCI would be limited by efficiency and in some cases by peak cylinder pressure. 
The author wrote the paper with support from the other authors of the paper. 
 

Paper 8 
Closed-Loop System Identification of an HCCI Engine 
 
This paper describes an experimental system identification of an HCCI engine. It is only the fuel 
ratio to CA50 part of the system that is identified, but this is the most important part for a closed-
loop controller using the fuel ratio as input. The method used was to excite the input, fuel ratio, 
and the CA50 reference under closed-loop control and log both input and output of the process. 
Excitation was provided by PRBS signals. ARX models of fairly low order, total of 5 parameters, 
were found to be sufficient for the operating points covered.  
 
The work behind this paper was done as a project within the course FRT041 System 
Identification, both experiments and analysis were performed by the author an the second author 
of the paper in cooperation. 

Paper 9 
System Identification and LQG Control of Variable-Compression HCCI Engine Dynamics 
 
This paper describes system identification, controller design, simulation and implementation of 
the designed controller for the Saab Variable Compression engine. One system model, 
approximating most of the operating range of the engine, was used for synthesis. This controller 
was synthesized by the LQG method and tested in Simulink  before it was implemented and 
tested on the engine. The paper describes and demonstrates a systematic path from identification 
to an implemented and functional controller. 
 
The author took part in the controller design, implementation and testing together with the other 
authors of the paper. The paper is written mainly by the first author of the paper. 


